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Abstract

The dissertation deals with the development of a newly introduced positive
displacement rotary compressor, named fixed-vane revolving vane compressor. The
compressor design is conceived with the motivation for eliminating the dependency of
the vane-side frictional loss on the working fluid pressures. Prediction shows that a
reduction of frictional loss of 40% is achieved in one design and this has translated to

3.0% improvement in the coefficient of performance of the refrigeration cycle.

The development begins with the formulation of the mathematical models to
understand the operational characteristics and the performance of the compressor. The
geometric and the kinematics models were first formulated. The variations of the
pressure, temperature and the mass of the working fluid inside the working chamber are
then predicted employing the conservation of the energy approach. The internal
leakages, the suction and discharge flow model were also considered. The dynamic
response of the discharge valve is also investigated analytically by assuming that the
valve behaves like a beam under forced vibration. The mathematical models were
solved simultaneously using 4™ order Runge-Kutta numerical integration by a Fortran
program developed in-house. The results show that the sizes of the suction and
discharge ports and the thickness of the valve reed are among some important
parameters in affecting the performance of the compressor. In the case examined, the
suction and discharge loss increases by 113 W and 9.3 W as the corresponding port size
decreases from 18.0 mm to 3.0 mm and from 17.0 mm to 5.0 mm. The discharge loss

increases by 52 W when the valve reed thickness increases from 0.2 mm to 1.4 mm.
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Abstract

The unique geometrical configuration of the working chamber poses a challenge
to appropriately analyse the in-chamber convective heat transfer between the working
fluid and the chamber wall. In this research by defining the mean flow velocity to be the
arithmetic mean of the tangential velocities of the driving and the driven component
with respect to the centre of the driving component, and taking the hydraulic diameter to
be the quadruple of the ratio between the vane exposure area and the wetted perimeter
of the area, the mathematical model is able to predict the pressure-angle histories within

2.0% accuracy.

The lubrication model for the journal bearing reveals that the surface roughness
requirement for the compressor bearing surfaces can be reduced by 0.1 um and 0.3 pm
for an increment of 5.0 mm in bearing length and bearing radius respectively at a
penalty of higher additional bearing loss of 26.0 W and 101.4 W. The lubrication
system design, which consists of the complete oil flow network together with the details
of oil grooves, oil flow channels, feeding and returning oil paths, has been designed and
shown to work well in the experiment. The study shows that the oil flow rate increases
by 17.4 mm®/s and 49.4 mm®/s as the groove width increases from 1.0 mm to 5.0 mm

and the groove depth decreases from 0.9 mm to 0.1 mm respectively.

A fixed-vane revolving vane compressor prototype has been designed, fabricated,
instrumented and tested. The prototype was tested using air as the working fluid and
was running from 2350 rev/min to 3800 rev/min with pressure ratio of up to 2.4. The
discrepancy between the predicted and the measured mechanical power is well below

10.0% and the lubricating oil viscosity is found to be closely related to the operating
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speed. The measured air flow rate is greater than the prediction when the discharge

pressure is less than 1.8 bar and the operating speed is above 2350 rev/min.

After the verification, the mathematical model has been linked with a direct-
search, multi-variable, constrained optimization algorithm due to Box [147]. Three
cases of optimization studies for the compressor have been carried out to search for the
best combinations of design dimensions for under these three objective functions:
minimum frictional loss, minimum leakage loss and maximum coefficient of
performance. The optimization studies point towards a better understanding of the

performance characteristics of the compressor.

The research work shows that fixed-vane revolving vane compressor is a
feasible practical proposal and it certainly has the potential to outperform the existing

state of the art rotary compressors.
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Introduction

1.1 Background and Motivation

The compressor is a primary component in applications of refrigeration, air
conditioning and gas compression used in household and industrial systems. It is used

for increasing the pressure of a compressible fluid such as air and refrigerants.

Compressors come in various types and sizes, each of which fulfil a given need
and represent the optimum configuration for a given set of requirements. Generally
speaking, the compressors can be divided into positive displacement and dynamic types.
The positive displacement compressor induces and displaces successive volumes of
working fluids while the dynamic compressor produces a static pressure rise by
converting kinetic energy into pressure energy. Alternatively, compressors can be
grouped into intermittent or continuous categories based on the mode of compression.
The intermittent mode of compression is cyclical in nature, whereby a specific quantity
of gas is induced by the compressor and discharged before the cycle is repeated. The
continuous mode of compression is one in which the gas is moved into compressor,
acted upon, moved through the compressor and discharged without the interruption of

the flow at any process.
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Compressors have been used for centuries and their usage is growing in demand
all over the world. Hence, the energy demand for the compressor operation is
undoubtedly increasing at a staggering rate and the efficiency of the compressor would
have a final say on energy-saving issues. Over the years, the compressor technology has
dramatically improved due to the relentless development and design efforts. The
researchers and industries are working hard to bring up the compressor performance to
the next height by either altering the existing compressor designs or inventing a new

compression mechanism.

In 2006, a new compressor mechanism called revolving vane compressor has
been proposed. The new compressor mechanism employs a new concept in which a
significant reduction in energy loss as compared to the other types of positive
displacement compressors can be achieved [1]. Several analyses concerned with the
performance aspects of the new compressor mechanism have been conducted [2-4]. The
functionality of the new compressor with a volume displacement of 32.5 cc has also
been tested under pressure ratio of 8 and the operating speed ranges from 600 rev/min to
1200 rev/min [5]. The establishment of the new compressor is not deemed as completed
at this stage and it is motivated to discover the potential of this new compressor
mechanism. The dependency of the vane-side contact force on the working fluid
pressure in the working chamber of the revolving vane compressor design can be
entirely eliminated by fixing the vane onto the driving component. A fully detailed
analysis for the fixed-vane revolving vane compressor involves mathematical modelling,
simulation studies, prototype design, experimentation and geometrical optimization are

to be conducted.
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1.2 Objectives and Scope

The objective of this research project is to design and develop the fixed-vane

revolving vane compressor. The outline of tasks in order to accomplish the project is

given in chronological order as follows:

ii.

iii.

1v.

Vi.

Vii.

Review existing compressor designs to acknowledge the advantages and the
disadvantages of the designs

Review the development in simulation studies of compressor chronologically
Understand the working principles of revolving vane compressor mechanism
and analyse the possible design variants

Develop mathematical models which facilitate the theoretical analysis of the
fixed-vane revolving vane compressor performance and followed by parametric
studies

Design and fabricate the fixed-vane revolving vane compressor prototype
Conduct experimental studies on the fixed-vane revolving vane compressor
prototype. The theoretical work completed in precedence will be validated at this
stage

Obtain three different sets of design dimensions for minimizing the frictional
losses, minimizing the leakage loss and maximizing the coefficient of
performance respectively by applying available optimization technique after
substantial theoretical and experimental investigations have been completed

The endeavours as mentioned above are not only to engage the author in an

academic excursion for the fulfilment of doctoral research but also to gain valuable
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experience in development of a practical compressor application which eventually

brings a true benefit to the society.

1.3 Overview of Thesis

This dissertation presents the detailed establishment of the fixed-vane revolving
vane compressor. The dissertation begins by recognizing the motivations of the research
project. Chapter 2 illustrates the reasons for the emergence of revolving vane
compressor, where a review of existing compressor designs is presented. In addition, a
review of mathematical modelling on compressor performance is also included in this
chapter. Chapter 3 shows the evolution and the working principles of the revolving vane
compressor. The chapter concludes with an evaluation of all possible design variants of
revolving vane compressor and one is chosen for further investigation in this

dissertation.

Chapters 4 to 6 show the formulation of mathematical models, which are used to
investigate the performance characteristics of the fixed-vane revolving vane compressor.
The governing equations for each aspect of the compressor namely, volume-time
variation, thermodynamics, mass flow and valve response are presented in Chapter 4.
The unique in-chamber convective heat transfer model for rotary type revolving vane
compressor will be proposed in Chapter 5. The force analysis for mechanical losses and
journal bearing design methodology for fixed-vane revolving vane compressor are

discussed in Chapter 6.

After detailed theoretical studies have been completed, the design details of the
prototype of a fixed-vane revolving vane compressor are presented in Chapter 7. The

component design, the method of lubrication and the dynamic balancing issues are
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addressed in this chapter. Chapter 8 presents a useful method on designing the
lubrication system for the compressor. The experimental work commences in Chapter 9.
The setup of experimental test bed and the preparation of the prototype are presented in
this chapter. In addition, the findings from the measurements will be compared with
theoretical predictions to validate the mathematical models. The chapter concludes with

a post experimental analysis.

Chapter 10 presents three optimization studies to minimize frictional losses,
leakage losses and maximize the coefficient of performance respectively for fixed-vane
revolving vane compressor after the aforementioned mathematical models are validated.
The dissertation concludes with Chapter 11 with a summary of the contributions during
the course of this research project. The future works are listed to further develop this
new compressor mechanism with an ultimate objective of finalizing it into an actual

commercial product.
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Literature Review

2.1 Introduction

This chapter consists of three sections. Firstly, a review of existing compressor
designs and their characteristics are presented. Secondly, the evolutions in the
simulation studies for positive displacement compressors performance evaluation are
discussed. The chapter ends with concluding remarks on the compressor research

directions.

2.2 Review of Compressor Designs

A number of positive displacement type compressor designs will be shown in

this section with the attention to the mechanism design and its limitations.

2.2.1 Reciprocating Compressor

Reciprocating compressor is one the earliest compressors being used. Figure 2.1
shows the schematic view of a reciprocating compressor. The reciprocating compressor
comprises of a piston, which is connected to the assembly of a crank and a connecting
rod. The crank rotates in a full revolution and drives the piston into a reciprocating
motion. The working fluid enters the working chamber through suction port when the
volume expands. The working fluid is being compressed by the piston as the volume

reduces and discharges out of the working chamber through discharge port according to

29



Chapter 2 Literature Review

the prescribed discharge pressure. In the reciprocating compressor design, suction and

discharge valves are required in order to ensure the direction of working fluid flow.
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Figure 2.1 Schematic view of a reciprocating compressor [6]

Suefuji and Nakayama [7] presented the experimental evaluation of
reciprocating compressor performance. The results had shown that the mechanical
losses increase with an increase in the piston stroke. In addition, the increment in the
ratio of the connecting rod length to the crank radius reduces the mechanical losses
while the other losses such as suction and discharge losses are unchanged. On the other
hand, the working chamber volume at the end of the discharge process is known as the
clearance volume. The remaining working fluid in this volume will undergo re-
expansion, which affect the intake of fresh working fluid. Furthermore, the amount of
working fluid intake is also dependent on the suction valve behaviour. As a result, the

volumetric efficiency of reciprocating compressor is poor due to these two factors.

The valve system in reciprocating compressor has a decisive influence on the
compressor performance as it is involved in the intake and the delivery of the working
fluid [8]. The valve system in reciprocating compressor belongs to automatic reed valve

type and it is subjected to two types of fatigue damages such as bending fatigue and
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impact fatigue. Therefore, it is expected that the life span of the valve will deteriorate

and the reliability of the compressor is downgraded.

The vibration and noise generated during the operation is one of the serious
issues in reciprocating compressor performance. The inertia force from the
reciprocating motion of the piston and the compression pressure force acting on the
piston are unequal. Therefore, unbalance force results and contributes to vibration and
noise. Saito et al. [9] reported that the reduction in reciprocating compressor noise can
be achieved by restricting the compressor shell shape. In the same year, Tojo et al. [10]
improved the shell structure to reduce noise production. Futakawa [11] reported that the
development in noise and vibration control for reciprocating compressor moves towards
to the reduction in compressor shell vibration due to the inherent shortcomings of
reciprocating compressor design. Levecque et al. [12] proposed a multi-stage balancing

method based on finite element model.

On the other hand, the frictional losses in this compressor design are significant
due to frequent rubbing between several parts such as the contact between the cylinder
and the piston, the joint between the crank and the connecting rod, the joint between the
connecting rod and the piston. In addition, the size disadvantage is obvious when
compared to the rotary type compressor as the reciprocating compressor is usually bulky
and requires more space due to the crank mechanism. However, Kaiser and Kruse [13]
stated that the reciprocating compressor which have piston rings is at an advantage in
terms of volumetric efficiency. The piston ring effectively seals the axial leakage
through the clearance between the outer circumferential surface of the piston and the

inner surface of the stationary cylinder wall.
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2.2.2 Sliding Vane Compressor

Figure 2.2 shows the schematic view of a rotary type sliding vane compressor.
The rotor has several radial or non-radial slots in which the vanes are allowed to slide.
The rotor, which is eccentrically placed to the stationary cylinder, rotates and set the
vanes into rotational motion with their tip sliding on the inner cylinder wall. Hence, the
space surrounded by the inner cylinder wall, the rotor and any two adjacent vanes forms
the working chamber. The suction and the compression process of the working fluid
take place simultaneously in the sliding vane compressor design. The pressurized
working fluid is being delivered when the working chamber is exposed to the discharge
port. It is observed that the tip of the vane must always kept in contact with the inner
cylinder wall in order to have compression effect or otherwise. This is achieved by the
centrifugal force from the rotation of the rotor, where the centrifugal force pushes the

vane tip against the inner cylinder wall.
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Figure 2.2 Schematic view of a sliding vane compressor [14]
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Tojo et al. [15] reported the dynamic behaviour of the sliding vanes theoretically
and experimentally. A chattering phenomenon was found under low-speed operation as
the vane tip is detached and pushed back to the inner cylinder wall. As a result, the
durability of the sliding vane compressor is doubtful since the vanes suffer from impact
fatigue. In addition, the short detachment between the vane and the inner cylinder wall
induces internal leakage, and thus volumetric efficiency is reduced. Shu et al. [16]
suggested an appropriate constant vane slot back pressure can effectively guarantee the

contact of vane tip and the inner cylinder wall.

In sliding vane compressor, the suction and the discharge processes are
continuous and thus, it is a valve-less machine. This unique characteristic greatly
enhances the reliability as the valve fatigue failure can be avoided. As a result, sliding
vane compressor has a built-in volume compression ratio and the pressure of the
working fluid at the end of the compression process is predetermined by the suction
pressure. Tramschek and Ooi [14] reported that the matching between the positions and
the geometry of the suction and the discharge ports with the built-in volume ratio is
important in order to optimize the compressor performance. In other words, the sliding

vane compressor requires a discharge valve for serving a wide range of pressure ratios.

From the viewpoint of vibration, the excitation of sliding vane compressor is
mainly due to the vane imbalance. With reference to the work conducted by Yee and
Soedel [17], the compressor has no rotating imbalance in the case of four identical
vanes at equal spacing. Thus, in terms of the vibration issue, the sliding vane
compressor is superior as compared to reciprocating compressor. On the other hand, the
dynamic analysis for tilted vane has also been investigated. Tramschek and Mkumbwa

[18] analyzed the performance of a six-vane sliding vane compressor having
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inclinations in the range of -30° and +30° . The results have shown that the compressor
fitted with forward inclination angle of 5° have enhanced specific capacity. However,
the increment is relatively small as compared to the compressor with radially aligned
vane and this would not justify the increasing manufacturing cost associated with

inclined vanes.

Despite the aforementioned advantages of sliding vane compressor, the
compressor is not without its disadvantages, particularly the frictional loss. The constant
rubbing between the vane tip and the inner cylinder wall generates enormous frictional
loss [19, 20] and thus, the mechanical efficiency is low. The vane requires special
surface treatment [21] and inherently increases the production cost. As a result, the
sliding vane compressor lost its popularity among the positive displacement type

compressors due to inherent high frictional loss and wear.

2.2.3 Rolling Piston Compressor

Figure 2.3 shows the schematic sketch of a rolling piston compressor. During the
operation, the eccentric which is connected to the driving shaft rotates the roller and
causes the volume trapped within the inner wall of the cylinder, the roller and the vane
to vary and hence results in a compressor cycle. In the rolling piston compressor design,
only discharge valve is required as the compression chamber is isolated from the suction

chamber.

As compared to reciprocating compressor, the rolling piston compressor is well
known to its compactness, light weight and high volumetric efficiency. The most
notable characteristic of the rolling piston compressor is the use of vane-spring

assembly. The vane is attached to a spring and the other end of the vane is kept in
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contact with the roller during the operation. Ooi et al. [22] discussed the effect of spring
stiffness on compressor performance. It was found that the magnitude of spring stiffness
is related to the pressure in the compressor shell. The frictional losses of rolling piston
compressor in a low-pressure shell will be marginally reduced when a spring of high

stiffness is used but incurs higher starting torque.
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Figure 2.3 Schematic view of a rolling piston compressor [23]

Liu and Kosco [24] discussed the tilt angle of vane in rolling piston compressor.
The theoretical results have shown that with a certain positive titled angle, the normal
force to the vane tip is the minimum but the frictional loss at the vane tip remains
unchanged. Thus, the titled vane only improves the durability and the reliability of the
vane and roller, whereas the mechanical efficiency is not. Apart from this, the vane
jumping phenomenon is also observed during start-up process and causes loud noise.
Bae et al. [25] shown that the vane jumping phenomenon graphically and suggested a

light vane should be used to prevent jumping behaviour.
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Yanagisawa et al. [26] examined the vibration behaviour of rolling piston
compressor. It was found that the vibration is induced by the change in gas compression
moment, the motion of the roller with the eccentric and the reciprocating motion of the
vane. The analysis has shown that the vibration amplitude during steady state operation
can be approximately predicted by the maximum gas compression moment and moment
of inertia of the stationary part. The vibration magnitude decreases with increasing
moment of inertia but it is hardly affected by the spring stiffness. In addition, during the
start-up and shut-off process, the vibration magnitude decreases as spring stiffness

increases but the influence of moment of inertia on it is weak.

The rolling piston compressor has high frictional loss at the vane side due to the
high relative velocity between the reciprocating vane and the stationary cylinder and the
normal force resulted mainly from the pressure difference between both suction and
discharge chambers. Therefore, extra surface treatments are necessary to be applied on
the roller, vane and the eccentric [27-29] to maintain the reliability of the rolling piston

compressor at an additional production cost.

2.2.4 Screw Compressor

The screw compressor (also known as twin screw compressor) is a rotary type
positive displacement compressor and it is often applied in medium to large capacity
applications such as chillers. As shown in Figure 2.4, the screw compressor has two
intermeshing helical rotors, where the lobe (male rotor) meshing into the corresponding
flute (female rotor). The working chamber is the space in between the lobe and flute.
Similarly to sliding vane compressor, screw compressor operates without valves and has

built-in volume ratio.
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Fujiwara and Sakurai [30] described the entire working process of screw
compressor as four consecutive phases. The first phase is a suction phase, where the pair
of lobe and flute starts to un-mesh, a space is created and the gas is drawn through the
suction port until the trapped pocket of working fluid is isolated from the suction and
the discharge port. During the transfer phase, the pocket of working fluid is being
transferred by moving circumferentially due to continuous rotors rotation. Subsequently,
the mesh point moves axially towards the discharge port, the volume of trapped working
fluid is gradually reduced and the pressure is thus increased. Lastly, at the moment
which is pre-determined by the built-in volume ratio, the pocket of compressed working
fluid is released through the discharge port. It is observed that the male and the female
rotor are concentric to their own axis of rotation during the operation. In the same paper,
a preliminary experimental analysis for the screw compressor was carried out. During
the operation, the dynamic forces are induced and cause vibrations along the axial and
the radial directions. These vibrations are transmitted through the bearings to the
compressor casing. However, the magnitude of the vibration is experimentally shown to

be relatively low as compared to reciprocating compressor.

Fujiwara et al. [31] shown that the torque requirement and the volumetric
efficiency decreases as the intermeshing rotors clearance increases. The leakage through
the clearance has severe effect on the volumetric efficiency of the screw compressor.
Nevertheless, the great improvement in machining techniques nowadays has
dramatically enhanced the performance by engaging tighter clearance. However, the
tighter clearance increases the viscous loss of the flow in between the intermeshing

rotors, which leads to the reduction in mechanical efficiency.
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Figure 2.4 Schematic view of a screw compressor [32]

Sangfors [33] formulated an analytical modelling for the screw compressor

performance and experimentally proved that a newly developed rotor profile has greatly

improved the specific power consumption. In addition, Mujic et al. [34] discovered that

the gas pulsation of the screw compressor can be improved by altering the discharge

port shape. On the other hand, the application of the dry screw compressor is achievable

by impinging the volatile liquid to the hottest position of the compressor component,

which is in the vicinity of the end of the discharge process [35]. The vastly improved

computational capabilities enhance the design of the screw compressors. The multi-

variable optimization study is introduced to establish an efficient screw compressor for

a given duty[36, 37].
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Shaw [38] did a projection for screw compressor future. The author deemed that
the compressor has innate potential in reliability since it involves only two purely
rotational rotors and no valves are required. However, the screw compressor is not
forgiving of its profile. As a result, the best available manufacturing and inspection
technique needs to be employed in order to achieve the inherent good reliability

potential [39-42].

2.2.5 Scroll Compressor

The working process of a scroll compressor is shown in Figure 2.5. The main
elements of a scroll compressor are the two identical involute spiral scrolls. The scrolls
are assembled at a relative angle of 180° such that both scrolls touch each other at
several points and form a series of crescent-shaped pockets. During the operation, one
of the scroll members is fixed and the other scroll orbits around the centre of the fixed
scroll. The inlet port of the scroll compressor is at the periphery of the scrolls. As the
orbiting scroll rotates, the working fluid is drawn through the periphery and trapped
inside a pocket. The working fluid is then being compressed due to volume reduction
while moving towards to the centre of the scroll. The gas is exhausted through the
discharge port, which is at the centre of the fixed scroll. As similar to the screw

compressor, the working fluid flow is continuous and no valves are required.
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Figure 2.5 Schematic view of a scroll compressor [43]

The concept of scroll compressor was firstly described in 1905 by Creux [44].
The concept was not fully developed for practical application due to the lack of precise
production techniques and component wear resulted from large axial working fluid
force. In 1984, Tojo et al. [43] had developed a unique controlled thrust force
mechanism for scroll compressor and put into commercial production. As compared to
conventional reciprocating compressor, the scroll compressor was 10% higher in
mechanical efficiency, 40% smaller in size, 15% lighter in weight and noise level is
lower. In addition, the fluctuation of the driving torque in the scroll compressor is about
one-tenth of that in reciprocating and rolling piston compressor because there are two to
three working chamber volumes are under compression simultaneously during the
operation. Hence, the operation is significantly smoother. Ishii et al. [45] shown that the

scroll compressor is superior in terms of capability of alleviating the vibration problems,
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as compared to reciprocating and rolling piston compressors. Nevertheless, the
mechanical efficiency of scroll compressor is lowered by 10.8 % and 12.0 % as
compared to rotary type compressors. This is because the scroll compressor requires
thrust bearing support due to the large thrust force and hence, the mechanical efficiency

is suffered due to higher energy consumption.

It is observed from the scroll compressor design that the geometry and the
profile of the scrolls are complicated. Etemad and Nieter [46] conducted a parametric
study and reported that the scroll wrap thickness is an important role in the scroll
compressor performance. The scroll wrap must be rigid enough to sustain the working
fluid force and thermal distortion during the operation. In addition, general design
process for the scroll profiles is also proposed [47, 48]. On the other hand, a number of
studies have reported that the leakage through the axial clearance at the tip of the scroll
wrap has more dominant effect than the leakage through the radial clearance at the flank

of the scroll wrap [49-51].

The applications of the scroll compressor have becoming more popular as it is
frequently adopted for the CO, refrigeration system. A number of studies have been
performed to improve the volumetric efficiency by considering the effects of the surface
roughness of the mating scroll parts [52] and the thermal expansion on the volumetric
efficiency have been studied too [53]. In addition, the thrust bearing design due to the
large pressure difference at both ends of the compressor has been improved [54, 55]. On
the other hand, the scroll compressor is also adopted in the automotive air conditioning

system [56-60].
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Although the reliability of the scroll compressor can be improved with the aid of
greater computing capability [61-63] and the efficiency is higher as compared to
reciprocating compressor, it is not yet completely dominant in the compressor markets.
It is deduced that the complicated spiral profiles of the scroll and the required precise
manufacturing technique, which is closely related to the production cost, are the main
blocks as compared to the purely cylindrical components of rolling piston compressor.
Furthermore, as same as the screw compressor, the leakages through the tip and the
flank of the scroll compressor will be significant if the clearances are not well controlled.
Hence, the best performance of the scroll compressor would be limited to those inherent

properties.

2.3 Review of Simulation Studies

In general, the theoretical models for evaluating compressor performance can be
classified into two categories, i.e., general-purpose model and special-purpose model.
The former represents the thermodynamics and valve dynamics models in the
compressor while the latter includes the leakage of the working fluid, the heat transfer
inside the working chamber and the entire compressor lubrication model. Thus, the
integration of both kinds of models will form the most comprehensive compressor
model. In this section, the developments in the simulation studies for compressors

performance evaluation will be presented.

2.3.1 Thermodynamics Model

Thermodynamics model is important as it describes the process of working fluid
in a compressor operation and reveals the variations of pressure, temperature and mass

inside the compressor working chamber. In summer 1972, Soedel [64] published a short
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course text which describes the fundamental computer simulation for a positive
displacement reciprocating type compressor. The working fluid behaviour is modelled
as a polytropic process and some experiments were carried out to obtain the empirical
coefficients. In the same year, Squarer and Kothmann [65] conducted a simplified
analysis for reciprocating compressor computer simulation. The model was done by
considering the working fluid as ideal gas behaviour and it is able to predict the primary
characteristics of reciprocating compressor performance. Karll [66] also demonstrated
the use of equation of state in the First Law of Thermodynamics analysis for a
reciprocating compressor. Prakash and Singh [6] applied First Law of Thermodynamics
to model the process of working fluid under assumption of ideal gas behaviour. The
authors claimed that the simulation model is not adequate to evaluate basic compressor
cycle and suggested the real gas properties should be considered in the future simulation
model.

In 1976, Rottger and Kruse [67] incorporated the real gas equation of state into
the simulation model to compare the both applications. It was found that the real gas
behaviour is favourable in the compressor performance evaluation. In addition, Hiller
and Glicksman [68] also adopted real gas properties in their total compressor system
simulation model. The simulation models were verified by conducting the experiments
for three different compressors and the agreement is close. In 1980, Ng et al. [69]
carried out the simulation for a reciprocating compressor when the thermodynamic
properties of the working fluid properties are represented by real gas equation of state
and compared the results with that from the ideal gas behaviour approach. The authors
claimed that the usage of real gas behaviour gives a significant improvement in

accuracy of various parameters of interest only when the superheat at the compressor
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suction inlet is as small as 10 °F or pressure ratio is as large as 14. On the other hand,
Lee et al. [70] investigated the difference in adopting first law analysis and polytropic
model to describe the compression or expansion process using ideal gas relationship.
The results show that both approaches provide good match with the provided
benchmark working chamber pressure but the prediction on working fluid temperature

inside the chamber is better in first law analysis than in polytropic model.

Sun and Ren [71] conducted the computer simulation for working process in a
reciprocating compressor using First Law of Thermodynamics and real gas equations.
The simulation results agreed well with the practical measurements, particularly the
working chamber pressure and the displacements of suction and discharge valve. In
addition, Ooi and Wong [72] also presented an analytical studies for rotary type rolling
piston compressor. The state of the working fluid in the study is obtained by applying
the First Law of Thermodynamics and real gas equations. The study has shown that the
model is capable of predicting the compressor performance with a discrepancy of about

10 % when compared with the available experimental data.

The adoption of real gas equation of state reveals the true thermodynamic
behaviour of working fluid but incurs a lot more computational time in the early days.
However, the tremendous increase of computational power solves the dilemma between
adoption of ideal gas and real gas equation of state. A fully comprehensive description
of working fluid behaviour is now available in commercial packages and it is easily
integrated into main simulation studies. Undoubtedly, the applications of First Law of
Thermodynamics and real gas equation of state are now the way to model the process of
working fluid in the research of various refrigeration compressors [73, 74], although

ideal gas equation is still employed purely for convenience [75].

44



Chapter 2 Literature Review

2.3.2 Valve Dynamics Model

The valve performance is another important model to accurately simulate the
process of working fluid in a compressor. In most positive displacement compressors,
the valve is applied at the suction or (and) the discharge port to prevent the reverse flow
of the working fluid. The valve has infinite combination of geometries and thus the
behaviour can be complex. The performance of the valve is one of the major influences
on compressor performance [76] because some compressor failure cases are attributed

to the valve failure, which is normally due to fatigue fracture [77].

Since 1950, a number of relatively simple numerical mathematical models have
been developed to describe the interaction between the compressor valve and the
working fluid. Basically, the valve movement is described by a non-linear differential
equation. According to the review by MacLaren [78], the first worthwhile mathematical
model for the reciprocating compressor and its valves was presented by Costagliola [79]
in 1950. The model was claimed as essentially correct although the calculated results
were not shown superimposed on the experimental results. Since then, all the valve
models were based to some degree on the pioneer analysis by Costagliola [79]. In 1967,
MacLaren and Kerr [80] concluded that an analytical model for valve performance is
important as it could provide qualitative results much more rapidly and cheaper than an
extensive experimental approach. Two years later, Wambsganss and Cohen [81]
developed a similar model and made comparisons to the experimental results. The
authors concluded that the single degree of freedom approximation is not sufficient to
represent valve reed dynamics in a high speed compressor and the effect of valve
stiction is large at low values of compressor pressure ratio. Traversari and Lacitignola

[82] in 1970 constructed a model based on the work by Costagliola [79]. The authors
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concluded that the differences between analytical and experimental results were mainly
due to the error in selection of values of empirical coefficients such as discharge and
damping coefficients. As a result, all of the aforementioned models are semi-analytical
since several empirical coefficients have been included and generally evaluated by

experiment.

The analytical study for the valve performance progressed and many researchers
actively published on different numerical approaches. Gatecliff and Lady [83] presented
a model for forced vibration of a cantilever valve reed with a non-uniform width. The
model excludes the damping effect and it was solved by using Rayleigh-Ritz method
and Galerkin’s method. The calculated results agree well with the experimental results.
Woollatt [84] presented a numerical method for calculating the lift and pressure drop for
self-actuating compressor valves based on single degree of freedom approach. The
method was compared with measured results and the agreement is shown to be good.
Gatecliff et al. [85] has outlined a simplified procedure, which is used to design a
cantilever valve reed and indicates the valve performance approximately. Piechna [86]
conducted a numerical study on dynamic behaviour of a reed valve of constant
thickness and rectangular cross-sectional area with the special attention to the
configuration of the valve plate. It was found that the valve plate with constant height
causes a strong bending and oscillation of the valve reed and thus, oblique shape valve
stop is preferred. Ooi et al. [87] presents a simulation model for a typical reed valve in a
small refrigeration rolling piston compressor. The mode shape function of the reed
valve is taken as a standard polynomial function and the valve deflection resulted from

it is in good agreement with that of finite element analysis. The authors concluded that
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the valve thickness has a remarkable effect on the compressor performance in terms of

discharge loss and indicated power.

Friley and Hamilton [88] became the first to apply finite element method (FEM)
to predict the stress experienced by the valve in 1976. The valve is modelled by using
triangular element with three nodes and each of which possesses six degrees of freedom
(DOF), results in an 18-DOF element. Santos et al. [89] proposed that a 9-DOF element
is sufficient for evaluating the natural frequency and mode shape of the valve. The
authors agreed that Cowper element, which is an 18-DOF element, is recommended to
use for conducting stress analysis on the valve. Fagotti et al. [90] emphasized the
flexibility in finite element approach by proposing a valve with a variable width. The
results show that the valve displacement evaluated through the mass-spring model is
higher than that predicted by the finite element approach, as compared to the
experimental results. On the other hand, the computational fluid dynamics (CFD)
techniques were also introduced into valve performance studies, with special emphasize
on the suitability of applying CFD technique [91] and the fluid structure interaction [92,

93].

The general developments of the valve modelling techniques have been
reviewed and all of the above are deemed as exhaustive in computing effort. The
complete modelling for the valve performance will not only include the valve
displacement behaviour, but also include the analysis of impact and stress, the effective

flow and force areas, the failure mechanism, the fluid flow visualization and others.

47



Chapter 2 Literature Review

2.3.3 Heat Transfer Model

During the compressor operation, the heat transfer between the working fluid
and the surrounding working chamber is important as it affects the pressure variation
inside the working chamber and thus, the bearing load and the coefficient of
performance are also affected. Literature shows that heat transfer correlations for in-
chamber convective heat transfer for positive displacement machines were mainly
developed during early 70s and late 80s. The correlations are mainly for reciprocating
engine and only a few are for reciprocating compressors. The importance of the heat
transfer model in a comprehensive study of compressor has been proposed and debated
during 80s-90s. Brok et al. [94] and Chen [95] indicated that the in-chamber heat
transfer does have an influence on the volumetric efficiency and the indicated work of a
compressor. In addition, Prasad [96] pointed out that the temperature is a defining
parameter in the compressor operation as it affects the dimensional stability and
integrity of the components. Hence, the impact of heat transfer should be addressed
from the reliability point of view. The basic focus for the heat transfer model in
compressor study is to determine the instantaneous convective heat transfer coefficient
for the convective heat transfer between the working fluid and the surrounding chamber
wall. Adair et al. [97] reviewed, discussed and compared the available correlations for
in-chamber convective heat transfer in internal combustion reciprocating engines. The
authors derived a new correlation which suitably addressed the effect of in-chamber
convective heat transfer in reciprocating compressor and correlates the experimental
data within 20%. Annand [98] proposed another correlation for internal combustion
reciprocating engine, which is expressed as a function of Reynolds number only. In

addition, Liu and Zhou [99] incorporated the heat transfer model into their reciprocating
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compressor simulation model. The proposed correlation is similar to Adair’s correlation
with different empirical constant. On the other hand, the instantaneous convective heat
transfer between the working fluid and the surrounding chamber has been studied by
numerical techniques too [100-103]. This kind of approach does not require any heat

transfer correlation but it is computationally expensive.

The development of in-chamber convective heat transfer correlation ceases after
late 80s and the available convective heat transfer correlations contributed by early
researchers were frequently applied in the energy analysis of hermetic compressors. In
the energy studies of hermetic reciprocating compressors, the influences of different
correlations for the convective heat transfer coefficient between the gas and the cylinder
walls on compressor performance were evaluated. Todescat et al. [104], Fagotti et al.
[105] and Longo et al. [106] indicated that the correlation by Annand works in good
agreement with experimental data. In addition, Ooi [107] applied the correlation
proposed by Adair et al. in the heat transfer study of a hermetic reciprocating
refrigeration compressor. The prediction is in good agreement with the measured results,
with discrepancies mostly less than 10%. On the other hand, in the heat transfer analysis
of a hermetic rolling piston rotary compressor by Padhy et al. [108, 109], the correlation
by Adair et al., which was originally derived for reciprocating compressor, was used.
The experimental data agreed very well with the theoretical predictions of the heat

transfer model.

On the more recent studies, convective heat transfer between the working fluid
and the surrounding chamber was considered in the studies of scroll compressors and
screw compressors. Chen et al. [73, 110] incorporated the heat transfer model into the

compression process of scroll compressor by approximating the convective heat transfer
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coefficient with a correlation for a spiral plate heat exchanger. Jang et al. [111]
concluded that by having considered the heat transfer between the scroll plate and the
working fluid, the prediction of discharge temperature is in better agreement with the
measured values. In addition, Ooi and Zhu [112] concluded that heat transfer should be
considered for accuracy of thermodynamic process in scroll compressor simulation. Sun
et al. [113] also included the convective heat transfer between the working fluid and the
surrounding chamber by adopting the empirical correlation proposed by Jang et al.
[111]. Wu et al. [114] addressed the effect of convective heat transfer between the
working fluid and the surrounding chamber too in the study of twin screw refrigeration

compressor.

2.3.4 Leakage Model

All positive displacement type compressors operate with undesirable mass loss
due to internal leakages of working fluid [115, 116]. Internal leakages decrease
volumetric efficiency and thus, the cooling capacity and coefficient of performance of
the compressor are affected. As a result, the behaviour of the leakage flow through the

clearances in a compressor is worthwhile for investigation.

In 1978, Pandeya and Soedel [117] and Chu et al. [118] identified the various
leakage paths in a rolling piston compressor. The leakage flow is modelled as a gas flow
driven by pressure difference through a convergent-divergent nozzle under the
consideration of ideal gas properties, constant flow area and the upstream pressure are
approximated as an average of the suction and discharge pressures. Reed and Hamilton
[119] questioned the nature of the leakage fluid and proposed two extremes cases for

leakage flow investigation in a rolling piston compressor, where the upper bound is
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assumed to be entirely compressible gaseous refrigerant filling the clearance and the
lower bound is assumed to be an incompressible mixture of lubricating oil and gaseous
refrigerant. The flow is also derived based on pressure differential flow through a
convergent-divergent nozzle. The leakage flow measurement is found to be in between
the upper bound and the lower bound. Rodgers and Nieter [120] claimed that the liquid
oil-refrigerant mixture leakage flow model is the most appropriate model to predict
realistic leakage flow. Yanagisawa and Shimizu [121, 122] investigated the leakage
losses with a rolling piston compressor with the attention to flows through the radial
clearance and rolling piston end face clearances. The dynamic change of the clearance
and the frictional loss occurring in the narrow leakage flow channel, which have been
neglected in the previous investigations are addressed. Since then, the leakage flow

analysis includes the viscous effect [123-125].

2.3.5 Oil Lubrication Model

The lubricant is important in compressor operation as it is used to lubricate the
sliding surfaces from excessive wear and improves the reliability and mechanical losses
of the compressor. Therefore, a suitably designed lubrication system is crucial for a
proper operation of a compressor and number of studies related to the lubrication
system is therefore proposed. The fundamentals concerning the influence of oil on the
various components of refrigeration system, particularly on the compressor has been
addressed [126, 127]. The compressor is required to be well maintained at low
temperature and the low miscibility between oil and refrigerant is desired to increase the

oil viscosity and improve the hydrodynamic lubrication.
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The oil feed mechanism of a high-side rotary type rolling piston compressor
shaft has been studied [128]. The oil feed characteristics of the main bearing under no-
load and dynamic conditions have been examined and it was found that the viscosity
and the shaft rotational speed are the main factors to determine the oil flow rate. In
addition, the oil feeding characteristics through spiral groove on the main bearing for a
horizontal rotary type rolling piston compressor has been described theoretically [129].
It was experimentally found that the oil flow rate increases linearly with the groove
depth up to 0.5 mm. The oil flow rate increases with the angle between the spiral

grooves with axial direction, from 25° to 65°.

The earlier analysis on the lubrication performance focus on the individual flow
path, for example, the flow through journal bearing and the flow through spiral groove.
In later days, the lubrication system analysis is extended to the analysis of entire flow
paths assembly. The oil supply system in scroll compressor has been analytically
studied [130]. The equivalent circuit has been employed to calculate the supply flow
rate in order to match the required flow rate for the lubrication and the cooling effect of
the bearings. It was found that the oil flow rate increases when the rotational speed
increases. Similarly, the oil supply into various elements in a vertical [131, 132] and a
horizontal [133] rolling piston compressor under steady state conditions has been
studied by employing equivalent electric circuit network. The effect of journal bearing
groove shape and the inclination angle of the groove on the oil flow rates have been
investigated. In more recent studies, the oil pumping system design in reciprocating
compressor with the attention to the oil climbing time from the oil sump to the required

bearing surfaces has been studied using computational fluid dynamics [134-136].
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2.4 Concluding Remarks

The research and development of compressor is still ongoing in the aspects of
theoretical performance assessment and the practical investigation. In general, the
review of existing positive displacement compressor designs reveals that the trend of the

compressor design is moving towards to some common features, for example:

» The design is preferably to have minimum moving parts in order to keep
frictional loss as low as possible

» The design should involve fewer components and simpler geometries. Hence,
the compressor can be light in weight, compact in size, and low in production
cost

» The design should possess inherent low vibration and noise level in the case

where quiet operation is needed.

As a result, it can be foreseen that the rotary type compressors will gain the
popularity and widespread usage over the veteran reciprocating compressor design in
terms of size, efficiency, noise and vibration. Nowadays, equipped with the great
improvement in computational power, the theoretical assessment for existing
compressors designs and performance analysis can be improved and thus, the
possibilities of a more energy-efficient existing compressor or even a new compressor

design is expected.
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Revolving Vane Compressor — The Mechanism Design

3.1 Introduction

The inception details of a new rotary compressor called revolving vane
compressor will be presented in this chapter. The compressor mechanism design is
conceived with the objective to eliminate the limitations present in the current rolling
piston compressor. This chapter starts with the analysis of the rolling piston compressor
and the possible solutions for the limitations in the compressor. Subsequently, the novel
revolving vane compressor design will be introduced and the possible design variants of
it will be revealed. The type of the compressor design, which is going to be examined in

the rest of the dissertation, will be concluded at the end of this chapter.

3.2 The Analysis of Rolling Piston Compressor Design

The rolling piston compressor is widely used in air conditioning and
refrigeration industries owing to its simplicity in geometrical configuration, low
production cost, the ease of manufacturing, low vibration and low noise. In its basic
form, the rolling piston compressor has five components namely a cylinder, a roller, a

shaft with an eccentric, a vane and a spring, as shown in Figure 3.1.

During the operation, the eccentric which is connected to the drive shaft rotates

the roller and causes the volume trapped within the inner wall of the cylinder, the rotor
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and the vane to vary and hence results in a complete compressor cycle. However,
detailed analysis reveals that the rolling piston compressor is not without disadvantages
due to its mechanism configuration from the point of view of frictional losses,
especially during higher speeds of operation. With reference to Figure 3.1, the frictional

losses associated with rolling piston compressor occur at the following six locations.

i.  The roller and the eccentric

ii.  The vane and the vane slot

iii.  The tip of the vane and the roller

iv.  The end faces between the eccentric and the cylinder
v.  The end faces between the roller and the cylinder

vi.  The shaft journal bearings

vane spring

suction

compression
chamber

chamber

shaft with
eccentric

Figure 3.1 Schematics of a rolling piston compressor

The frictional losses in a rolling piston compressor during a typical compressor

operation are presented in Table 3.1. It is known that if the frictional losses at various
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contact locations in the rolling piston compressor can be eliminated or at least,

significantly reduced, a better compressor design can be achieved.

Table 3.1 Frictional analysis of the rolling piston compressor [137]

Frictional Loss Contribution
Loss due to vane side reactions to the vane slot 0.4 %
Loss due to vane tip and roller contact 0.9 %
Loss due to eccentric and roller contact 45.7 %
Loss due to roller and cylinder end faces 8.8 %
Loss due to eccentric and cylinder end faces 17.3 %
Loss due to journal bearing 26.9 %

3.2.1 Elimination of Roller and Eccentric Friction

The rubbing between the roller and the eccentric in the rolling piston compressor
is mainly due to the contact between these two components, as shown in Figure 3.1. The
role of the roller in the compressor is to reduce the friction at the vane tip. During the
operation, the roller is always in contact with the vane tip on its external surface and the
eccentric in its internal surface. If the friction at the vane tip is higher, the roller will
rotate relative to the eccentric. However, if the friction between the inner surface of the
roller and the eccentric is higher, the roller will rub against the vane tip. The use of the
roller is able to lower the friction at the vane tip and at the roller; else the vane tip is
constantly rubbing against the roller, which causes significant wear to the vane during a

long-term operation.

By leading the lubricant to the contact area will effectively reduce the frictional

loss at the interfaces of these components. However, it can be totally eliminated by
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merging the roller and the eccentric to become only one component, as shown in Figure
3.2. The combination of the roller and the eccentric is named as rotor. In this case, the
roller is no longer present and therefore, the energy loss due to the roller and the
eccentric friction, which is as high as 45.7% of the total frictional loss as presented in
Table 3.1, is completely eliminated. Furthermore, the number of components in the
compressor has been reduced by one and the concentricity issues between the roller and

the eccentric is no longer the concern, which is closely related to the manufacturing cost.

roller
rotor
shaft
shaft with
eccentric
rotor

Figure 3.2 Merging the roller and the eccentric as one component — rotor

3.2.2 Removal of the Spring

As referred to Figure 3.1, the reciprocating motion of the vane inside the vane
slot of the rolling piston compressor is constrained by the spring. In fact, the spring can
be replaced by a vane pin joint and the vane slot can be created in the rotor, as shown in
Figure 3.3. Thus, the friction between the vane tip and the roller can be totally
eliminated. In addition, the vane tip is not in contact with any other component as a

sufficiently deep vane slot in the rotor can be created such that the vane tip will not be
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in contact with the base of the vane slot, as shown in the same figure. However, it is
noticed that the friction due to the reaction forces between the vane side and the vane
slot remains. The number of components has been further reduced by one since the
usage of the spring is dropped and thus, the production cost can be lowered and the
reliability can be improved.

vane vane pin
vane

shaft with
eccentric

cylinder

Figure 3.3 Replacement of the spring and the change of vane slot location

3.2.3 Reduction of End Face Friction

During the operation of rolling piston compressor, as the shaft rotates, both end
faces of the roller and the eccentric rub against the stationary cylinder and hence results
in a significant energy loss due to friction, as presented in Table 3.1. This friction can be
significantly reduced by having a rotating cylinder together with the rotor. Since both
rotor and cylinder rotate together at the same time, the relative velocity between them is

relatively low and hence results in a lower end face friction.
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3.3 The Novel Revolving Vane Compressor

The previous analysis for rolling piston compressor mechanism reveals that a

better compressor mechanism can be achieved by

1. Merge the roller and the eccentric into one component (known as the rotor) to
eliminate the friction between roller and the eccentric and reduce the number of
components by one

ii.  Remove the spring and replaced by vane pin joint on one end of the vane to
further reduce the number of components by one. The other end of the vane
stays in the vane slot inside the rotor

iii.  Set the cylinder into rotational motion to lower the end face friction between the

rotor and the cylinder

Based on the proposals above, a novel compressor design, known as revolving
vane compressor is introduced, as shown in Figure 3.4. In its basic form, the revolving
vane compressor consists of three main components, namely a rotor, a cylinder and a
vane. The centres of the cylinder and the rotor are offset such that there is a line contact
at the outer circumference of the rotor and the inner wall of the cylinder and this line
separates the working chamber into two. These working chambers are formed by this
line, the outer rotor surface, the inner cylinder surface and the vane. During the
operation, the rotor rotates the vane which in turn rotates the cylinder. This causes the
volume of the working chambers to increase and decrease in size and hence completes
the working process of a compressor cycle. In the same figure, it can be observed that
the suction and the discharge port are located at the rotor and the cylinder respectively.

The valve reed is placed on the top of the discharge port.
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Figure 3.4 Schematics of a revolving vane compressor
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Figure 3.5 Snapshots of revolving vane compressor operation
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Figure 3.5 shows the snapshots of the revolving vane compressor operation. The
working fluid travels from the centre of the rotor shaft to the suction chamber, which
experiences an increase in volume through the suction port. On the other side, the
working fluid inside the compression chamber experiences increases in pressure since
the chamber volume reduces with automatic valve reed kept closed. The discharge of
working fluid starts when the working fluid pressure overcomes the valve stiffness and
the prescribed discharge pressure. On the other hand, the rotor and the cylinder are
supported by the journal bearings concentrically at their own centre of rotation on both
ends, as shown in Figure 3.6. Further observations from the Figures 3.4 and 3.6 reveal
that the frictional losses associated with this new compressor design are at the vane top,

the vane side, the journal bearings and the end faces.

One of the frictional losses in revolving vane compressor is the friction that
occurs at the end faces between the rotor and the cylinder and it is caused by the relative
velocity between these two components. In addition, the journal bearing used to support
the compressor also generates the friction caused by the hydrodynamic lubrication.
Furthermore, the vane of the compressor is mounted in the cylinder with a pin joint on
one end, and the vane slot in the rotor at the other end. The vane is therefore free to
swivel about its pin joint and at the same time, it slides in and out of the vane slot,

which incurs the vane top friction and the vane side friction respectively.

The total number of frictional loss sources has been significantly reduced to 4 as
compared to 6 in a rolling piston compressor. However, the number of frictional loss

sources is a secondary factor to determine the total frictional loss reduction. The
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primary influences on the frictional loss are the total contact area and the relative

velocity between the surfaces.

The total contact area between the surfaces is similar in both the rolling piston
and the revolving vane compressors. The vane slides in the slot of the stationary
cylinder in rolling piston compressor while the vane slides in the same manner in the
slot of the rotor in revolving vane compressor. Thus, the vane-side contact areas in both
compressors are similar. Furthermore, the vane tip is pressed on the eccentric
component of the rolling piston compressor while the vane top swivels about the hinge
joint in the rotating cylinder of revolving vane compressor. The vane tip (vane top for
revolving vane compressor) contact areas are similar as the vane thickness are the same.
In addition, the end face contact areas in both compressors are the same. The eccentric
and the piston rub against the stationary cylinder at both ends while the combination of

both (called rotor) rubs against the rotating cylinder in revolving vane compressor.

The difference in the total frictional loss between both compressor designs lies
in the relative velocity between surfaces. The instantaneous dimensionless relative
velocities at the vane side, vane tip and the end faces in both compressors over one
operation cycle are disclosed in Figure 3.7. The decrease in the relative velocity
between surfaces in the revolving vane compressor improves the performance in terms
of the frictional losses as compared to the rolling piston compressor, especially in the

frictional loss at the end face and at the vane tip.
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During the operation, both sides of the vane are subjected to the gas pressure
force due to the suction chamber pressure (Ps) and the compression chamber pressure
(P.). The difference in the gas pressure force acting on the sides of the vane causes the
vane to be hard pressed against the vane slot and hence resulted in high vane-side
contact forces (F; and F;), which in turns results in a significant frictional loss caused
by the vane-side friction, as shown in Figure 3.8. It is noted that the vane slot clearance
is being enlarged for demonstration purpose. The free body diagram of the vane shown
in Figure 3.9 indicates that the magnitudes of the vane-side contact forces are mainly
dependent on the gas pressure differential force across the vane (Fypy and Fc,y) and the
tangential force (F4) to drive the cylinder into rotational motion [138]. The contact

forces can be expressed by equations (3.1) and (3.2).

g Q1= La)Fy + (Lp — L3) (Fepy — Fspy) — LaFe G.1)
1 Ly + Ls '

Ly + LF + (L + L) (Fepy — Fypy) + LyFe
Ly + L3

(3.2)

2
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Figure 3.8 An enlarged view of vane and vane slot

Figure 3.9 The free body diagram of the vane [138]
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However, the dependency of the vane-side contact forces on the gas pressure
differential force can be eliminated in the improved design concept, as presented in the

following section.

3.4 Design Variants of Revolving Vane Compressor

In the design variants of the revolving vane compressor, the vane can be rigidly
attached to the driving component, either the cylinder or the rotor, to restraint the ability
of the vane movement along the tangential direction with respect to the rotational centre
of the driving component such that the effect of the gas pressure differential force on the

vane-side contact force can be eliminated.

3.4.1 Fixed Vane Design with Rotor Drives

In the first design variant of revolving vane compressor, the vane is rigidly fixed
to the rotor, as shown in Figure 3.10. The vane is now in a pure rotational motion
together with the rotor. The contact point between the vane and the driven component
(cylinder) becomes one. The contact force (F,) is independent of the gas pressure
differential force and only affected by the rotational inertia of the driven component, as
shown by equation (3.3). The rotor assembly (rotor and vane) is coupled to the motor
shaft and drives the cylinder into rotational motion about its own centre. It can be seen
from the same figure that the wall thickness of the cylinder becomes thicker as it needs
to provide the room to accommodate for the entire vane length when the rotational angle
of the rotor assembly is at zero degree.

Ieae — X(Ff x ?)C

F, =
v R.cosy

(3.3)
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Therefore, a heavier cylinder is expected to be driven and may cause
unnecessary high vane-side contact force as a result of a higher rotational inertia
although the pressure dependency of vane-side contact force is removed. The thickness
of the cylinder wall is not necessarily to be uniformly thick and thus, without sacrificing
the structural rigidity, partial amount of the cylinder wall material can be removed and
the vane-side contact force can be lowered as compared to the original design, as shown

in Figure 3.11.

discharge port

compression
chamber

suction
port

Figure 3.10 Fixed-vane revolving vane compressor with rotor drives
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cylinder wall
thickness i1s reduced

Figure 3.11 Fixed-vane revolving vane compressor with rotor drives and material

removal

3.4.2 Fixed Vane Design with Cylinder Drives

Since the vane-side contact force is now dependent only on the rotational inertia
of the driven component, the vane can be attached to the cylinder and in this case, the
cylinder is used to drive the rotor, as shown in Figure 3.12. As a result, the vane-side
contact force in this design variant can be further reduced as the cylinder assembly
(cylinder and vane) is used to drive the lighter component, i.e. the rotor. The expression

for the vane-side contact force in this design is given by equation (3.4).

Lo, — Z(ﬁ X F)
F, = L 3.4
v R, cosy 34
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discharge

suction
chamber

cylinder

Figure 3.12 Fixed-vane revolving vane compressor with cylinder drives

The comparisons of the vane-side frictional loss due to the vane-side contact

force in these three different revolving vane compressor designs are presented in Table

3.2. The prediction shows that a reduction of frictional loss of 40% can be achieved and

this has translated to 3.0% of improvement in coefficient of performance.

Table 3.2 Frictional losses analysis of revolving vane compressor designs [138]

Swivelling vane

with rotor drives

Fixed-vane with

rotor drives

Fixed-vane with

cylinder drives

Vane-side frictional loss (W) 58 40 14
Other frictional losses (W) 43 43 46
Mechanical power (W) 1418 1400 1378

(evaporating/condensing: 7.2°C/54.4°C; operating speed: 2875 rev/min; working fluid:

R22; displacement volume: 32.5 cc; motor efficiency: 0.8)
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3.4.3 Other Design Considerations

With reference to Figures 3.11 and 3.12, the design variants of revolving vane
compressor require the profiles of the vane slot to be extraordinarily precise in order to
maintain the contact point between the vane and the vane slot at any instant of time
during compressor operation. In order to remove this high precision requirement, or in
other words, to save the production cost, an additional component known as bush is
introduced into the design. The bush is just a simple piece to accommodate the vane and
the placements of the bush in both rotor-drives and cylinder-drives designs are shown in
Figures 3.13 and 3.14 respectively. The designs are simpler as the complicated profile

of the previous vane slot design has been removed.

discharge

compression
bush chamber

suction
port

cylinder

Figure 3.13 Fixed-vane revolving vane compressor with rotor drives and bush
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compression

port
chamber

vane

port cylinder

Figure 3.14 Fixed-vane revolving vane compressor with cylinder drives and bush

3.5 Concluding Remarks

The concept of original revolving vane compressor and its design variants have
been discussed in details. The story of this new rotary type compressor has just begun
and there are more to discover about this new compressor mechanism. In this
dissertation, the fixed-vane revolving vane compressor with cylinder drives is selected
for further investigation. In the next chapter, the mathematical modelling regarding the

compressor will be presented.
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Chapter 4

Theoretical Study I:

Geometrics, Thermodynamics and Valve Response

4.1 Introduction

In general, the performance characteristics of a compressor can be transformed
into a set of manageable mathematical expressions and solved by appropriate numerical
treatment such that the compressor performance can be predicted theoretically with the
aid of computing effort. The complete theoretical analysis can be served as the tool for

parametric studies and optimization in order to obtain better compressor design.

In this chapter, the variation of the working chamber volume and the kinematics
of the main compressor components, namely, the rotor and the vane will be shown in
Section 4.2. Subsequently, Sections 4.3 and 4.4 discuss the variation of thermodynamics
properties of the working fluid due to the change in physical volume and the mass flow
situation through the suction and the discharge port respectively. The detailed analysis
for the valve response under the free and the forced vibrations will be shown in Section
4.5. At the end of this chapter, the theoretical predictions for the compressor
performance and the effect of various design parameters, i.e. the geometries of the

discharge valve, the sizes of suction and discharge port will be discussed.
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4.2 Geometrical Model

The geometrical model is used to evaluate the working chamber volume
variation with the shaft rotational motion. In addition, the model also includes the
kinematics of different moving components and these are the rate of change of vane
exposure length, the angular velocity and the angular acceleration of the driven

component, which is the rotor in this case.

4.2.1 The Working Chamber Volume
As referred to Figure 4.1, in this case, the cylinder is the driving component
which will be connected to the motor shaft (not shown) and the rotor is driven through

the vane which is rigidly fixed to the cylinder.

discharge compression
port chamber
_ R,
suction
chamber

0}

¢

R

suction

port /

rotor cylinder

Figure 4.1 A fixed-vane revolving vane compressor with cylinder drives
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By utilizing cosine rules, the rotor radius (R;), the cylinder radius (R.) and the distance
from the centre of the cylinder to the rotor circumference (R) can be related by the

following equation.

RZ =R?+ (R. —R;)? =2 xR, X (R, — R}) X cosd,

The expression for R after rearrangement is shown by equation (4.1),

R = ecos ¢ ++/RZ — (esin )2 (4.1)

where e = R, — R,.. The length of the vane which is exposed to the working fluid
pressure inside the working chamber is defined as vane exposure length and it can be

obtained by equation (4.2).
Ry, =R.—R (4.2)

As a result, the working chamber volume at any angular position (¢.) can be expressed

by equation (4.3).

bc
Le
V= j (RZ — R2) doy (4.3)
0

where L. is the axial length of the compressor working chamber. Based on equation
(4.3), the analytical expression for the working chamber volume and its rate of change
with respect to the rotational angle can be written as equations (4.4) and (4.5)

respectively.
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L 1
Ve ==X {mz = RO + 5 e*sin(2¢c) + esin de/RE — (esin ¢o)?

L I e sin ¢, l} @.4)
JRZ — (esin ¢,)? '

+ RZtan™

dv, L
5 ¢C = (RE—R?) (4.5)
C

4.2.2 The Kinematics of Compressor Components

The exposure length of the vane to the working fluid inside the compressor
working chamber is expressed by equation (4.2). The rate of change in this exposure
length can be obtained by differentiating the equation with respect to time which yields
equation (4.6).

dRy dR, o do.  eRsind,
dt  d¢. dt R—ecosd,

X W (4.6)

On the other hand, the angular position of the rotor with respect to the centre of the
cylinder can be found by applying cosine rule, as shown by equation (4.7).

(I) = COS_l W (4 7)
T 2eR, '

The angular velocity of the rotor varies during the operation as it is at an eccentric
position to the centre of the cylinder. The magnitude can be obtained by differentiating

equation (4.7) with respect to time, which yields equation (4.8).

gdRe
— dq)r % dq)c — dq)c
d. dt eR; sin ¢,

Wy X W (4.8)
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The angular acceleration of the rotor can be found by further differentiating equation

(4.8) with respect to time and this is shown by equation (4.9).

Ay =

2 2 2
o at =P age~ (g) | ~ooso () e 49

It is noted that during the operation, the torque required to drive the cylinder into
rotational motion is varying due to the variations in the fluid pressure forces, the contact
reaction forces and the frictional forces acting on it. The angular velocity of the cylinder
can be a constant only if the instantaneous power supplied by the electric motor to drive
the cylinder is sufficient during the entire operation cycle. The angular velocity of the
cylinder will vary if there is a response delay in the transfer of power required to drive

the cylinder under high torque situation.

In a compressor design, a constant velocity for the cylinder can be achieved only
if the instantaneous power requirement can be fulfilled. However, the rotor is not at
constant velocity throughout the cycle as it is at an eccentric position relative to the
centre of the driving component, i.e. the cylinder. The angular velocity of the rotor will
vary throughout the cycle and the magnitude of it is determined by the radii of the rotor
and the cylinder as well as the distance between the centres of the rotor and the cylinder,

as shown by equation (4.8).

4.3 Thermodynamics Model

Generally, the operation cycle of a compressor can be described by a number of
phenomena, each interacting and taking place in the working chamber within a
complete rotation of the rotor-cylinder pair. During the operation, the pressure and the

temperature of the working fluid inside the chamber vary due to the change in the
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physical volume and the interaction of the working fluid flow through the suction and
discharge port. These phenomena can be described mathematically in thermodynamics
model. Prior to formulate these happenings in compressor analytically, it is assumed
that the properties of the working fluid are instantaneously propagated throughout the
whole working chamber volume. In other words, the properties are uniform and have no
spatial variation. In addition, the flows through the suction and the discharge ports are

treated as unidirectional.
By applying First Law of Thermodynamics to the control volume of interest as
shown in Figure 4.2, the following equation is obtained.

dQ. dw d

- —E—ajEpdV+ jEpV-A (4.10)

E represents the summation of kinetic energy, potential energy and internal energy.
Since the kinetic energy and potential energy are insignificant to internal energy,

equation (4.10) can be simplified as

dQ. dw d

It —E=ajupdv+ jupV-A (4.11)
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Figure 4.2 Thermodynamics approach to the fixed-vane revolving vane compressor

In conjunction with the flow work concept, equation (4.11) is rewritten as

dQc _ dWother

dt dt dt

(4.12)

S
=
o
Q.
<
+

—
=3
=)
<
>

The second term on the left hand side of equation (4.12) represents the work done due

to volumetric change and it can be expressed by equation (4.13).

dWother — %
dt € dt

(4.13)

The second term on the right hand side of equation (4.12) represents the energy carried
by the working fluid flow. Assuming the compressor is perfectly sealed, the integral
sign can be removed from the term since the compressor under investigation has one
suction port and one discharge port. Thus, the combination of equations (4.12) and (4.13)

gives equation (4.14).
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dQ. dVv, dm dm,

dt_PCdt_ (mc )~ hi 3¢ ~+he dt

(4.14)

The rate of change of internal energy in the working fluid can be obtained using chain

rule and it is in the form of equation (4.15).

du, dm,
a(m uc) = me— dt + UCF (415)
The definition of specific enthalpy is given by equation (4.16).
h, =u, + P.V; (4.16)

Combine with the definition for specific volume (V;), the expression for the rate of

change in specific internal energy is found to be as equation (4.17).

du, dh, 1( dP. 4V, Pchdmc>
dt dt m.\°€

= at TRd T ar (4.17)

Substitution of equations (4.16) and (4.17) into equation (4.15) gives equation (4.18).

d( ) = dh  dP. Ve . dm s
e el mcdt ¢ dt ¢ dt ¢ dt (4.18)

On the other hand, the conservation of mass states that

dm. dm; dm, e
dt  dt dt (4-19)

As a result, the combination of equations (4.14), (4.18) and (4.19) yields equation (4.20).

dQ.  dh, _ dP
at . eTg ¢ dt

dm;
+ (h. -1y d—tl (4.20)
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In general, the real gas law states that pressure is a function of temperature and specific
volume. Thus, the total derivatives of pressure can be simply expressed as equation
(4.21).

(4.21)

dt — \aT./, dt ' \avy/,. dt

dP. (6PC> dT. (E)PC) dVg
¢’y s’ T,

The specific enthalpy is the sum of specific internal energy and product of pressure and
specific volume. Since specific internal energy depends on temperature, specific
enthalpy thus can be seen as a function of temperature and specific volume.
Mathematically, the total derivatives of specific enthalpy can be written as equation

(4.22).

dh, (ahc> dT. (6hc) dVg

ac ~\at./, ac "\av;/, ac

(4.22)

The rate of change of specific volume with respect to time is shown by equation (4.23).

dvs 1 (ch V. dmc> 4.3
dt m.\dt m. dt (4.23)
Substituting equation (4.22) into equation (4.20) results
dQ. oh,\ dT. /dh.\ dVg dP. dm;
= —) —+|(—) —|-V.—+ (h,—h)— 4.24
ar e (an)vs a (av)Tc ac |~ Veqe T e T (429

Since the input rotational velocity (®.) is a constant, equations (4.21) and (4.24) can be

rewritten as equations (4.25) and (4.26) respectively.

av,

dP. (E)Pc> dT, (OPC) dVg (4.25)

dp.  \9T./,_doe 1, dde
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ch dmi
(he — hy) 0.

dQ
dd)c_mc -V

<ahc> dT, <0hc> dVs ot (4.26)

+
0T/, dbe " \aV,), do

Equations (4.25) and (4.26) represent two coupled first order ordinary
differential equations for pressure and temperature of the working fluid under the effect
of volumetric change and interaction of incoming and outgoing fluid in a fixed-vane
revolving vane compressor. The enthalpy terms and the partial derivatives of
thermodynamics properties can be obtained from real gas properties. In addition, the
mass flow rate through suction or discharge port can be found analytically through the

mass flow model, which is presented in the next section.

The heat transfer model appears in the equation (4.26) dictates the effect of the
convective heat transfer between the working fluid and the surrounding chamber on the
pressure variations of the working fluid. The heat transfer to or from the working fluid
along the suction and discharge ports are not considered. Hence, the working fluid
temperature at the suction port, which is used together with the suction pressure to
dictate the working fluid density and suction mass flow rate, is treated as the sum of the
evaporating temperature and the degree of superheat. In addition, the temperature at the
discharge port is treated as same as the working fluid temperature at the end of
isentropic compression process from suction pressure to discharge pressure. If the heat
transfer along the suction and the discharge ports were to be considered, the flow
configurations from the suction origin to the entrance of suction chamber and from the
exit of compression chamber to the end of discharge port have to be identified. The
identifications allow the convective heat transfer model to be described and classified

into free or forced convection.
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4.4 Mass Flow Model

The mass flow through the suction and the discharge ports can be modelled as
flow through an orifice. In Figure 4.3, consider a volume of fluid bounded by two

streamlines in steady and compressible conditions, the energy equation can be written as

V2 V2
Q+(h+7+gz> =(h+7+gz>
1 2

Q is the specific heat exchange between working fluid and surroundings. Neglecting the
potential energy term and assuming the upstream velocity is negligible, the equation

above is reduced to

Figure 4.3 Schematic diagram for an orifice flow

In the absence of heat exchange, which means the system is adiabatic, the downstream

velocity can be expressed as

V, =+/2(h; — hy) (4.27)

Hence, the mass flow rate through the orifice with a cross sectional area (Agoy) 1S given

by
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dm
P X /2(hy —h3) X Agow (4.28)
Introducing flow coefficient (K) to account for flow losses, equation (4.28) is revised to

be

dm
E = K X pl X 1/ Z(hl - hz) X AﬂOW (4’.29)

Physically, the flow must accelerate itself in order to enter or leave the small opening.
This can be done by transforming part of enthalpy to increase its kinetic energy and
ideally, after passing the opening, the flow will back to its original state. Hence, the
flow under this ideal phenomenon is addressed as reversible flow. Generally, the flow
under adiabatic and reversible condition is known as isentropic flow. However, due to
the fact that friction and dissipative effects always exist within the flow, the isentropic
flow cannot be achieved and therefore, an isentropic efficiency is brought in and it is
defined as
h; —h,
1o Ty —hye

Combine the isentropic efficiency and the flow coefficient as discharge coefficient, the

resultant expression for mass flow rate is

dm
FTa Cq X p1 X 2(h1 - hz,is) X Aflow (4.30)

where Cq is the discharge coefficient and has the value in between 0.5 and 0.6.

As a result, the expression for the mass flow rate with respect to the input shaft

rotational angle can be restated as equation (4.31).
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dm 1
dp. o < LaxpX 2(hy —hyjis) X Afiow (4.31)

The mass flow rate depends on the flow area. For the suction flow, the mass flow rate is
dictated by the size of the suction port and for the discharge mass flow rate, the flow
area is dictated by the discharge valve dynamic behaviour, which is discussed in the

next section.

4.5 Valve Response Model

The valves in a compressor are often automatic reed valves. The purpose of
having a valve at the suction and (or) the discharge port is to ensure that the working
fluid flow is unidirectional. During the compressor operation, the valve opens only
when there is enough force to overcome the stiffness of the valve and the prescribed
pressure in the shell of the compressor. At the instant of the valve opening, the working
fluid flows through the gap between the valve port and the valve plate. The magnitude
of the gap opening dictates the flow rate of the working fluid and therefore, it is
important to conduct an analysis on the valve response behaviour under the influence of

its own characteristics and the external loading.

In a revolving vane compressor, the discharge valve is placed on the outer
circumference of the rotating cylinder. Therefore, the valve is set into rotational motion
during the compressor operation, unlike the common positive displacement compressors
where the valve is stationary. As a consequence, the valve is subjected not only to the
pressure loading from the both sides of the valve but also the centrifugal force loading
due to the rotation. On the other hand, the magnitude of the valve motion is limited by a

valve plate, which is used to inhibit extra valve oscillations and hence alleviates fatigue
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behaviour. In the analysis of the valve, the valve is considered as a beam as the cross

sectional dimensions are small as compared to its length.

The free body diagram for an infinitesimal small element of valve is shown in
Figure 4.4. The small element of valve is under shear force, bending moment, damping
force, centrifugal force and the external loading force. The force balance across the

valve thickness direction for this particular case is thus written as equation (4.33).

Rw?dm

y
T—)X — dx -
7

Figure 4.4 Free body diagram for an infinitesimal small element of valve

9 92
V4 (V4 dV) + f(x, Odx — ca—}t,dx + (R + y)w2dm = dma—tf (4.33)

Apply moment equilibrium about the right edge of the infinitesimal small element gives

equation (4.34).

dx dy dx dx
Vdx — M+ (M + dM) —f(x,t)dx-7+cadx-7— (R+y)m2dm-7= 0

(4.34)
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Using dV/dx = dV/dx anddm = pA.dx, equation (4.33) can be rewritten as equation

(4.35).

v dy , 0%y
I + f(x,t) — co + (R+y)w*pA. = pAcﬁ (4.35)

Ignore second and higher order terms in dx, equation (4.34) can be simplified into
equation (4.36)

oM

V=——
0x

(4.36)

Based on an elementary flexural theory, the relationship between the beam deflection

and the bending moment is

0%y
M= Evlvm (4.37)
Combination of equations (4.37) and (4.35) gives
oty o’y = dy
EVIV@ + pA, FroRuCEni pA . w?y = pA.w?R + f(x,t) (4.38)

Equation (4.38) is a linear, non-homogeneous partial differential equation with fourth
order in space, second order in time. Both terms on right hand side of equation (4.38)
show the effect of centrifugal loading and pressure excitation in determining the valve

motion respectively.

In general, the valve is a distributed system rather than a discrete system. Hence,
in seeking a solution to vibration problems for distributed systems, free vibration

problem is considered first which naturally leads to a differential eigenvalue problem.

86



Chapter 4 Theoretical Study I: Geometrics, Thermodynamics and Valve Response

Subsequently, the response under the effect of the external excitation, which is usually

known as forced vibration, is formulated.

4.5.1 Free Vibration Analysis

With reference to equation (4.38), the centrifugal force due to the rotation
contributes to the homogeneous part (left-hand side) and the non-homogeneous part
(right-hand side) of the equation. It implies that the rotation of the valve reed not only
forms the external excitation but also affects the natural characteristics of the valve reed
system. In mechanical vibration, the “free vibration” refers to the homogeneous solution.
Therefore, the fourth term on the left-hand side remains in the free vibration analysis
since it is part of the homogeneous equation but the first and the second terms on the

right-hand side vanish. Therefore, equation (4.38) is reduced to equation (4.39).

94 32y o
Va—XZ+pA Y e pAwiy =0 (4.39)

Evl ¢ ot2 ot

As for a distributed system, the circumstance for the valve motion is synchronous. The
synchronous motion indicates that every point along the valve executes the same motion
in time, passing through equilibrium at the same time and reaching the maximum
excursion at the same time. The implication behind is that during the synchronous
motion, the valve exhibits a certain unique profile, and the profile does not change with
time, only the amplitude of the profile does. In mathematical terminology, the solution
to such a case is said to be separable in the spatial variable and time variable. It can be

expressed in the form of equation (4.40).

y(x,t) = f(x) - g(t) (4.40)

87



Chapter 4 Theoretical Study I: Geometrics, Thermodynamics and Valve Response

The profile of the valve response is represented by f(x) and g(t) indicates how the
amplitude of the profile varies with time. Introduce equation (4.40) into equation (4.39)

and divided the whole equation by pA f(x)g(t) yields

EJ,Ld*Y at
pACde4_w pA.gdt gdt? (4.41)

It is noted that the partial derivatives have been replaced by the total derivatives since
both sides are only dependent on space and time respectively. Using the argument in the
method of separation of variables, both sides of the equation must be equal to the same
real constant. Hence, denote the constant by p? and introduce a? = E,I,/pA., equation

(4.41) can be rewritten as two ordinary differential equations.
— —B*=0 (4.42)

d? cd
& 88, (p?—w?)g=0 (4.43)

where B* = p?/a®.

Equation (4.42) is recognized as a well established differential eigenvalue
problem for transverse vibrations of a stationary beam too. Therefore, by the exact
identity of both, it can be concluded that the rotational motion of the valve does not
affect its natural mode of vibration. Other than this, it is a fourth order ordinary
differential equation. Therefore, the solution f(x) contains four constants of integration,
in addition to the real constant p?, a total of five unknowns. To evaluate the five
unknowns, boundary conditions must be invoked. However, it is impossible to evaluate

all five unknowns as there are only four boundary conditions for a valve beam system.
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Hence, four boundary conditions can be used to derive a characteristic equation for p?
and to determine the other three integration constants in terms of the other. The
characteristic equation has an infinite number of roots p? (r = 1,2,3,...) known as
eigenvalues. Corresponding to each of these roots, there is one function f.(x) (r =

1,2,3, ...) known as eigenfunctions.

The square roots of eigenvalues are recognized as the natural frequencies of the
system and the eigenfunctions are also known as the natural modes. The natural
frequencies can be determined uniquely but not the natural modes. As mentioned earlier,
the three integration constants can be expressed in terms of the other constant. Thus, if
that constant is determined uniquely through a normalization process and thus
determine the natural modes uniquely, then the natural modes are referred to as normal

modes.

The rotating discharge valve in the revolving vane compressor is in clamped-

free configuration. The boundary conditions are stated as follows.
The deflection and the rotation of the valve at x = 0 are zero since it is clamped. Thus,
f(x) = 0 and df/dx =0

The shear force and the bending moment at x = L is zero since the end of the valve is

free. Thus,
d?f/dx? = 0 and d3f/dx® = 0
The general solution to equation (4.42) is

f(x) = Asin x + B cos x + Csinh x + D cosh x (4.44)
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in conjunction with the prescribed boundary conditions, the characteristic equation is

found to be
cos B;Lcosh L =—1 (4.45)
Hence, the associated eigenfunction is

f.(x) = A, |(sin B,.x — sinh B,x)

sin ;L + sinh L
cos B.L + cosh B.L

(cos Byx — cosh B,x) (4.46)

On the other hand, equation (4.43) resembles entirely the equation of motion of a
damped single degree of freedom system. Hence, the solution of equation (4.43) can be

written as

o(-tart) [9r8:(0) + £:(0)

g (t) = » sinqq,t + g,(0) cosqq,t| (4.47)
,r

where g,.(0) and g,.(0) represent the initial modal displacement and the initial velocity

respectively, and q = p? — w?.

As seen from equation (4.47), under the free vibration, the valve responds at the

damped frequency (qq,), which is defined as qrm . This implies that in an
undamped condition (§ = 0), the response frequency is given by q;, differs from its
natural frequency p,. Therefore, it can be said that the response frequency of the
rotating valve under a free vibration is not equal to its natural frequency, but at a lower
frequency which depends on the angular velocity of the rotational motion. In other

words, the stiffness of the valve diminishes while undergoes a rotational motion.
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As a conclusion, the free vibration response in ' mode for a rotating valve is

0)+g.(0
yr(xt) = f.(x) {e(‘zqft) qugr(q) 6:(0) sinqgqt + g.(0) cos qd,rtl} (4.48)
dr

The natural frequency for r'™ mode is

(4.49)

4.5.2 Forced Vibration Analysis

The solution of the valve response under the effect of non-homogeneous term
presented in equation (4.38) is ready to be presented. The solution is assumed to be in
variable separable form and by considering the principles of superposition for linear

vibration, the solution has the form of

Y0 = ) (98 (4:50)

On the other hand, the natural modes are orthogonal and have been normalized to

satisfy orthonormality conditions, namely

Ly

Ly
d*f 2
] £ (O, (x)dx = b, and f oo T g o (?) 5.
r
0 0

dx*

where 8,5 is Kronecker delta.

Substitute equation (4.50) into equation (4.38), divide the whole by pA. and
multiply by fs(x), integrating over the entire length of valve and invoke the

orthonormality conditions. The following equation is obtained.
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Ly

+ (p? — w?)g, = f f.(x) [(ozR + fE)XT't)] dx (4.51)

dzgr+ c dg,
dtz  pA. dt

0

Equation (4.51) can be recognized as an independent modal equation with the right hand
side of the equation is known as modal forces. It is mentioned that the natural modes
which were presented in equation (4.46) have been normalized according to
orthonormality conditions. Therefore, A, has the following relationship.

Ly

A? f [(sin B.x — sinh B,x) —

0

sin B, L + sinh B, L ) 2 o
cos ;L + cosh 3L (cosBrx — cosh B x)| dx =

The integral can be solved numerically in order to obtain the particular magnitude of A,
for any mode of vibration. On the other hand, with a closer look on equation (4.51), the

nature of f(x,t) is discussed in the following.

During the derivation of force and moment equilibrium based on free body
diagram presented in Figure 4.4, f(x,t) represents the force per unit length. The
existence of f(x,t) is true for certain length of the valve as the valve exposes to the
working fluid pressure through the discharge port only. As such, let x be the starting of
the discharge port measured from the clamped end and Ax is the diameter of the

discharge port. Therefore,

Ly f( ) X+Ax f( )
Xt X, t

f.(x ‘ dx=f f.(x _~ dx
Of Wt | 0T

In addition, equality can be established between f(x, t) and P.(t) as
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[Pc(t) - Pdischarge] X Af(Y)

f(x,t) = X

Using AP(t) = P.(t) — Pyischarge and substitute the equality to equation (4.51) results

Ly X+AX

d’g dg

o+ A+ afge = 7R [ £kt [ )
0 X

AP(t) X Af(y) dx

dt pA.Ax

Since the diameter of the discharge port is small as compared to the length of the valve,
X+Ax

f AP(t) X Af(y)

AP(t) X Af(y)
fr (%) DA Ax S

dx = £.(x+ 25 x A
= —) X X
X = h(xh o) X Ax 0AAX

X
As a result, equation (4.51) becomes
Ly

) ) Ax
+ 28, = R | f.(x)dx + . (x+7)

0

dzgr dg,

AP(t) X A(y)
ae T8y XA

PA,

(4.52)

To this end, a second order ordinary differential equation has been formulated to
describe the nature of modal coordinate under the effect of centrifugal and pressure
differential force on the valve. In order to get a solution for equation (4.52), an
analytical expression for AP(t) is required. However, the working fluid pressure inside
the working chamber is dependent on the valve displacement. In other words, the
forcing excitation due to the working fluid pressure is coupled to the valve response.
Hence, a general solution for second order ordinary differential equation is not allowed
to apply here. Recall equation (4.52) and let ¢, = dg,./dt and ¢, = g,, the equation

can be decomposed into two first order ordinary differential equations, which are

do,
rraiak 2t (4.53)
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d
D - Ne~ 280, — o, (459)

where N, is known as modal force and it is shown by equation (4.55).

Ly

AX) y AP(t) x A¢(y) (4.55)

— 2 —_
N, = Rffr(x)dx+fr(x+2 -~
0

In general, solving equations (4.53) and (4.54) in conjunction with thermodynamics
model simultaneously, the value of the modal coordinate is obtained. Subsequently, the
model coordinate is multiplied by normalized mode shape in order to obtain the value

for the displacement of the valve.

4.6 Results and Discussions

The thermodynamics equations, the mass flow equation and the equations to
describe the modal coordinate of the valve are all ordinary differential equations. These
equations are initial value problem and can be solved using the fourth order Runge-
Kutta method together with the analytical expression of the working chamber volume to
obtain the thermodynamic properties of the working fluid inside the working chamber
throughout one complete operating cycle of the revolving vane compressor. In addition,
the kinematics of the compressor components, which are the vane exposure length and
rate of change of it, the angular velocity and the angular acceleration of the rotor can be
solved independently. The operating conditions and the main dimensions of compressor

components used in the calculation are summarized in Table 4.1.
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Table 4.1 Operating conditions and design dimensions of fixed-vane revolving vane

compressor

Operating Conditions

Evaporating temperature 7.2 °C Operating speed 3000 rev/min

Condensing temperature ~ 54.4 °C Working fluid R22
Compressor Dimensions

Radius of cylinder 27.0 mm | Diameter of suction port 14.0 mm

Radius of rotor 23.5 mm | Diameter of discharge port  14.0 mm

Length of compressor 17.1 mm

Valve Design Dimensions

Length 20.1 mm | Elastic modulus 200 GPa
Width 15.0 mm | Density 7800 kg m™
Thickness 0.2 mm Radial location 28.0 mm

Figures 4.5(a) and (b) show the kinematics of the compressor components over
one full rotation. In Figure 4.5(a), the vane exposure length increases initially, reaches
maximum when the rotational angle is 180° and decreases after that. The rate of change
in the vane exposure length is also shown in the same figure. Figure 4.5(b) shows that
the angular velocity of the rotor is greater than the constant cylinder angular velocity
during the first and the last quarter of the operation. The angular acceleration of the

rotor exhibits the sinusoidal variations.

In general, the fixed-vane revolving vane compressor completes the suction, the
compression and the discharge of the working fluid in a span of two full rotations.
Figure 4.5(c) shows the variation of the working chamber volume over the entire
working process. The working chamber volume increases during the suction process

and reaches a maximum, which indicates the end of suction process and the beginning
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of the compression process. The working chamber volume starts to decrease after one
full rotation. Figures 4.5(d) and (e) show the trends of the pressure and the mass of the
working fluid inside the working chamber respectively. Initially, the pressure remains
constant and the mass increases steadily during the suction process. Subsequently, the
compression process starts at an angle of 360°, the pressure thus increases due to the
reduction in the working chamber volume while the mass remains constant since there
is no more intake from the suction port and no internal leakage under the consideration
of perfectly-sealed compressor. Eventually, the pressure reaches the discharge pressure
but the discharge process does not commence immediately at this moment. A
continuous increase in the pressure is observed. This is because the working fluid is in
the process of overcoming the valve stiffness and the flow resistance in order to initiate
the valve opening. Therefore, a hump is observed in the pressure profile. The working
fluid starts to flow out form the working chamber when there is an enough force to open

the valve, which is shown by the decreasing trend in the chamber mass.

The variation of the valve displacement is presented in Figure 4.5(f). At the
instant of the opening of the valve, the force exerted on the valve is extraordinary high
due to the high pressure differential force across the valve. Thus, the valve displacement
is the greatest at this instant. Subsequently, the valve displacement is observed to
decrease since the pressure force exerted on the valve is getting lower due to a
decreasing mass. An earlier opening of the discharge valve with an earlier
commencement of the discharge process occur for the rotating discharge valve as
compared to the stationary valve, where the latter is often applied in all existing

compressors such as the reciprocating and the rolling piston compressors. The number
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of oscillations in the variations of the valve displacement is reduced and hence, the

valve experiences fewer cyclic stresses.
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Figure 4.6 shows the pressure and the volume history of the compressor cycle.

It is noted that the area bounded by the whole cycle is known as the indicated work and

it can be expressed as

4Tt

e

0

.\
“do.

) do

Generally, the indicated work comprises of the total work done to the working fluid, the

suction and the discharge losses. As shown in the same figure, the suction loss is the
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area below the nominal suction pressure level whereas the discharge loss is the area
above the nominal discharge pressure level. Both losses are related to the design
geometries of the valve and the sizes of suction and discharge ports, which will be

discussed the following sections.
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Figure 4.6 Pressure-volume diagram for fixed-vane revolving vane compressor

4.6.1 Effect of Suction Port Size

In the revolving vane compressor design, the suction port is generally without a
suction valve. Hence, the suction upstream is always in communication with the suction
chamber through the suction port. For a good suction port design, the size of the port
must be sufficiently big to allow easy flow of the working fluid during the suction
process, which is one of the primary influences on the total mass flow rate of the

working fluid through the compressor. If the suction port is undersized, the mass inside
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the working chamber is not sufficient and leads to an undesired pressure drop since the
volume is increasing during the suction process. Therefore, an extra energy is required
to recover the pressure to the suction pressure level before the compression process
begins and this amount of energy is known as the suction loss. Furthermore, the

insufficient intake mass will also deteriorate the cooling capacity.

As shown in Table 4.2, the suction loss is high in the case of suction port
diameter equals to 3.0 mm and it decreases remarkably as the suction port diameter
increases. The mass flow rate improves when a sufficiently large suction port diameter
is used. In addition, the results show that any suction diameter that is bigger than 14.0
mm is unnecessary since the change in mass flow rate is very small. The variations of
the mass and the pressure-volume are shown in Figure 4.7. Figure 4.7(a) shows that the
amount of the working fluid in the working chamber at the end of the suction process is
very low for the suction port diameter of 3.0 mm as compared to the properly sized
suction port of 14.0 mm. In addition, the pressure inside the working chamber during
the suction process is far below the nominal suction pressure level and it incurs more
suction loss, as shown in Figure 4.7(b). It is also observed that the discharge process
starts at a later stage in the case of an undersized suction port as compared to the
properly designed suction port. As a result, the diameter of the suction port should be
well designed such that sufficient working fluid is induced into the working chamber

and thus, incurs a lower suction loss.

The flow coefficient used in the prediction is 0.6 and the coefficient variation is
not considered in the simulation model. Flow coefficient is used to relate the flow

characteristics through a restricted area. In compressor study, the flows through the
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suction and discharge ports are treated as an orifice flow. The exact value of flow
coefficient of an orifice involves number of factors, namely, the shape of the orifice, the
pressure drop across the orifice, the density change and the Reynolds number. However,
according to British Standard (BS1042), an average flow coefficient value of 0.60 to
0.65 can be applied to a wide range of flow conditions and therefore, flow coefficient of
0.60 is assumed and used in the compressor theoretical study. The true value of the flow
coefficient however can only be obtained through measurement of the flow under the
actual conditions and it is believed that the value should close to the range of 0.60 —

0.65.
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Figure 4.7 Effect of suction port diameter on compressor performance
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Table 4.2 Effect of suction port diameter of compressor performance

Suction port Suction loss Mass flow
diameter (mm) W) rate (g s'l)
3.00 114 6.89
6.00 32.7 10.7
10.0 5.44 10.9
14.0 1.46 10.9
18.0 0.533 10.9

4.6.2 Effect of Discharge Port Size

In general, the diameter of the discharge port is required to be sufficiently large
to allow the sufficiently pressurized working fluid to be discharged out of the working
chamber without incurring unnecessary over-pressure. The under designed discharge
port diameter will not allow sufficient working fluid to be discharged and hence the
working fluid will be further compressed and causes the fluid pressure to increase
beyond the necessary level, as shown by the oscillations in the pressure in Figure 4.8. It
is observed that if the diameter of the discharge port increases, the oscillation in the
pressure profile is reduced, which results in lower discharge loss. The results suggest
that the discharge port diameter is required to be at least 11.0 mm and larger than 14.0
mm is unnecessary since any larger discharge port does not bring any significant

positive effect in terms of discharge loss, as shown in Table 4.3.
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Figure 4.8 Effect of discharge port diameter on pressure profile

Table 4.3 Effect of discharge port diameter on compressor performance

Discharge port Discharge Indicated

diameter (mm) loss (W) power (W)
5.00 10.8 399
8.00 4.57 393
11.0 2.70 391
14.0 1.90 390
17.0 1.47 390

4.6.3 Effect of Valve Thickness

In general, the natural frequency of the valve increases as the valve thickness

increases, thus, the stiffness of the valve increases with thickness. Figure 4.9 shows the

variations of the valve displacement and the pressure under the variation of the valve

thickness. The magnitude of the valve displacement decreases when the valve thickness

increases from 0.2 mm to 1.4 mm due to a higher stiffness. In addition, due to the
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stiffness augmentation, the valve finds it difficult to open and therefore, the working
fluid is unable to flow out from the working chamber completely causing the discharge
loss to increase. As referred to Figure 4.9, the maximum pressure increases as the valve
thickness increases and it reaches an extraordinary high value in the case of the valve
thickness of 1.4 mm. As shown in Figure 4.9(f), the indicated power rises drastically

from 390 W to 442 W as the discharge loss increases from 1.90 W to 53.8 W.
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Figure 4.9 Effect of discharge valve thickness

4.6.4 Effect of Valve Width

With reference to equation (4.49), for a valve reed having a rectangular cross-
sectional area, the width does not participate in the formulation of the natural frequency.

Therefore, the natural frequency remains constant. However, the centrifugal force acting
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on the valve increases due to the increment in the weight of the valve. Figure 4.10
shows that more valve oscillations and thus more pressure oscillations are induced due
to the increment in the centrifugal force term. The discharge loss increases from 1.90 W
to 3.35 W. However, unlike the effect due to the thickness of the valve, the width of the
valve is not a dominant factor for the valve performance in terms of the discharge loss
and the indicated power. In the practical design, the valve width should be sufficient in

order to cover the discharge port completely.
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Figure 4.10 Effect of discharge valve width

4.6.5 Effect of Valve Length

Theoretically, the natural frequency of the valve will be reduced if the valve is

longer. Thus, the longer valve is softer and easier to open during the discharge process
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and incurs lower discharge loss. As shown in Figure 4.11, in the case of the valve length
of 16.0 mm, the valve is short and stiff and thus, the working fluid is not able to be
discharged out of the working chamber completely since the valve opening is small and
it incurs more oscillations and the discharge loss. The number of oscillations in the
variations of pressure and the valve displacement reduce as the length of the valve
increases. As shown in Figure 4.11(f), the discharge loss decreases from 2.65 W to 1.90
W as the valve length increases from 16.0 mm to 24.0 mm. As a result, the valve length
is not a dominant factor too in terms of the discharge loss and the indicated power.
However, the frequency of the valve oscillating should be taken into consideration from

the point of view of fatigue failure.
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Figure 4.11 Effect of discharge valve length
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4.6.6 Effect of damping coefficient

Damping is an inherent property of an oscillatory system. It tends to dissipate
the energy of the system and reduce the amplitude of the oscillatory motion but does not
affect the natural frequency of the system. Therefore, a lower value of the damping
coefficient indicates more oscillations and vice versa. Figure 4.12 shows the variations
of the pressure and the valve displacement under different damping coefficients and
more oscillatory motions are found for lower damping coefficients. Figure 4.12(f)
shows that the discharge loss decreases from 3.5 W to 1.5 W as the damping coefficient
increases from 0.0 to 0.8 since a lower damping coefficient results in more frequent

pressure oscillations.
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4.7 Concluding Remarks

The geometrical, thermodynamics, mass flow and valve response models for
fixed-vane revolving vane compressor are theoretically formulated and analyzed. The
study reveals that the discharge valve in rotational motion enhance the valve opening
behaviour and incurs lower discharge loss as compared to the stationary valve found in
other types of positive-displacement compressors. In addition, the indicated power of

the compressor is found to be characterized by the following:

» An undersized suction port results in a higher suction loss as more energy is
required to recover the pressure loss during the suction process. In addition, the

subsequent discharge process commences late.

» An undersized discharge port incurs more discharge loss as the working fluid is
unable to be discharged out of the working chamber completely and hence, more

frequent valve opening is required and thus, incurs higher discharge loss.

» The discharge loss is also affected by the valve design dimensions, such as the
valve thickness, the valve width, the valve length and the damping coefficient.
In particular, the discharge loss increment is 52.0 W for a thickness increment of
1.2 mm whereas the increments in the discharge loss for the changes in the valve
width, the valve length and the damping coefficient, are all below 2.0 W. This
indicates that the most dominant dimension in the valve design is the valve

thickness from the point of view of compressor indicated power.
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Chapter 5

Theoretical Study II:

Heat Transfer in Working Chamber

5.1 Introduction

The main performance characteristics of the fixed-vane revolving vane
compressor in the area of thermodynamics and valve response have been examined. In
addition, there are other areas worth to be investigated as their effect on the compressor
performance are unknowingly great if without properly addressed. The heat transfer
between the working fluid and the surrounding working chamber during the operation
affects the pressure variation of the working fluid. Thus, the force acting on the
compressor components will be affected and the bearing design requirements need to be

altered for a reliable compressor operation.

The theoretical model for predicting the effect of in-chamber convective heat
transfer between the working fluid and the surrounding chamber will be derived based
on the test data of the revolving vane compressor [5]. The unique heat transfer

parameters such as the characteristic velocity and hydraulic diameter will be defined.
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5.2 Heat Transfer Model

The basic focus for the heat transfer model in compressor study is to determine
the instantaneous convective heat transfer coefficient for the convective heat transfer
between the surrounding chamber wall and the working fluid in the chamber. Generally,

the convective heat transfer coefficient can be expressed as equation below.

T
kf%

h=—20
(Too - Twall)

where k¢ is the thermal conductivity of the working fluid, T, is the bulk fluid
temperature outside the thermal boundary layer, T, is the wall temperature and
dT /01 represents the temperature gradient which is normal to the surface of the wall. In
the case of revolving vane compressor, the temperature gradient can be obtained by
solving a set of coupled differential equations, which governs the conservation of mass,
momentum and energy for the working fluid inside the working chamber. Hence, the
evaluation of this temperature gradient requires an undoubtedly huge expense of
computing effort. As a result, a simple convective heat transfer coefficient correlation is
the matter of concern in the revolving vane compressor simulation studies. Since there
is no convective heat transfer correlations derived specifically for rotary compressors in
compressor heat transfer literature, the instantaneous convective heat transfer
correlations proposed by several researchers, which were originally derived for

reciprocating compressor are examined.

5.2.1 Heat Transfer Correlations

» Correlation by Adair et al. [97]
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Nu = 0.053 x Re%® x Pr%¢

The correlation proposed by Adair et al. [97] is a function of Reynolds number
and Prandtl number. Prandtl number is a ratio of kinematic viscosity and thermal
diffusivity and hence it is a dimensionless number and it is a function of fluid properties.
On the other hand, Reynolds number is a ratio between inertia force and viscous force,
which is geometrically and flow dependent. In their study, the characteristic velocity of
the working fluid inside the chamber of reciprocating compressor is treated as the
product of swirl velocity and equivalent hydraulic diameter, which are represented by

the two equations below, respectively.

3 1
2w(1.04 + cos 20) for ST <6< ST

W = 1 3
w(1.04 + cos 20) for ST <6< ST

o o[ (2) 7]

nDZ 4+ 21 (Q)Z

Dh:
2

where w is the crankshaft rotational speed, D is the piston bore diameter and Z is the

distance between piston and cylinder head.

» Correlation by Annand [98]

Nu = 0.7 x Re®”

In contrast to the correlation by Adair et al., the correlation proposed by Annand
[98] in his simulation model for a four-stroke ignition engine is a function of Reynolds

number only. The author treated the characteristic velocity of the working fluid inside
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the chamber as the piston speed and the equivalent hydraulic diameter as cylinder bore

diameter.

» Correlation by Liu and Zhou [99]

Nu = 0.75 x Re%8 x pr%¢

The form of correlation proposed by Liu and Zhou [99] is similar to Adair et
al.’s correlation. The authors indicated that the magnitude of convective heat transfer in
the chamber of reciprocating compressor is significant and hence introduce a larger
empirical constant. Furthermore, the swirl velocity of the working fluid inside the

chamber has been modified to the following expressions too.

3 1
2w(1.04 + 0.5cos 20) for ST <6< ST

W = 1 3
w(1.04 + 0.45cos 20) for ST <6< ST

5.2.2 Heat Transfer Parameters

The frequently used convective heat transfer correlations in compressor heat
transfer modelling literature are presented and it is known that the approach on
characteristic velocity and the equivalent hydraulic diameter are crucial in the
quantitative analysis of in-chamber convective heat transfer for the case of revolving

vane compressor.
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cylinder

expected
re-circulating

Figure 5.1 Expected flow field in compression chamber of revolving vane compressor

The original revolving vane compressor design is presented in Figure 5.1.
During compression process, the vane is not only in rotation but also moves in a
reciprocating fashion radially while the rotor and the cylinder rotate. Therefore, it can
be visualized that the working fluid is being pushed by the rotating vane and at the same
time, it is also dragged by the motion of the rotor and the cylinder to the compression
end of volume. Besides that, the working fluid which is at the vicinity of the vane will
also follow the reciprocating motion of the vane during the operation. The angular
velocity of the cylinder and the reciprocating velocity of the vane are expressed by

equations (5.1) and (5.2) respectively.

dRy
vide

We = Wy [————
¢ "[R.asin @,

(5.1)
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a?sin(2
V, = w, |asing — (2¢) (5.2)
24/R% — (asin )2

where R, = /RZ — (asin @)% — acos @.

The comparison of equations (5.1) and (5.2) illustrated in Figure 5.2 shows that the
maximum velocity of the reciprocating motion of the vane is one order of magnitude

smaller than the rotational velocity of the rotor and the cylinder.

—— Vane Velocity
- = -Tangential Velocity of Rotor
034 - - - - Tangential Velocity of Cylinder - 30

Vane Velocity (m/s)
Tangential Velocity (m/s)

03 v . -

e 05
0 90 180 270 360

Angle of Rotation (°)

Figure 5.2 The velocity profiles of vane, rotor and cylinder at 600 rev/min

As a result, the magnitude of the flow velocity inside the chamber is mainly
bounded by the rotational velocities of the rotor and the cylinder. In other words, the
rotational motions of the vane, the rotor and the cylinder constitute the main flow inside
the working chamber of revolving vane compressor. Based on the deduction, the
velocity profile of the main flow inside the working chamber assuming no-slip
condition at the boundary of the inner cylinder and outer rotor surface can be modelled

as a trapezoidal profile, with lower side being the tangential velocity of the rotor and the
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upper side being the tangential velocity of the cylinder as referred to the centre of the
rotor. Thus, the average velocity of the main flow inside the working chamber can be
expressed as equation (5.3).

Ry

U= ﬁ Rj w.RdR = %(RV +R,) (5.3)

The average velocity will be used as characteristic velocity in the calculation of
Reynolds number. However, it should be noticed that the full details of the flow inside
the compression chamber of revolving vane compressor shall include the abrupt flow
through the discharge port and the re-circulating flow occurs during the later period of
the compression process at the end of compression volume, where high velocity
gradient and turbulence intensity were expected. All these flow phenomena are
disregarded in the present analysis. Subsequently, since the characteristic velocity is
evaluated, the equivalent hydraulic diameter can be determined. By definition, the
equivalent hydraulic diameter is the quadruple of the ratio between the cross-sectional
area as seen by the flow and the wetted perimeter of that cross-section. Thus, the cross-
sectional area as seen by the “main flow” inside the chamber can be regarded as the area
of the protruded part of the sliding vane, which is the part of the vane that is exposed to
the working fluid. As a result, the equivalent hydraulic diameter can be expressed as

equation (5.4).

(Rv - Rr) X Lc
Dy =4 X 5.4
h Z(RV - Rr + Lc) ( )

The definition of the equivalent hydraulic diameter and the characteristic

velocity of the flow inside the compression chamber are now fully defined and hence
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the heat transfer model can be included into the simulation study, in which the

instantaneous convection heat transfer coefficient can be calculated by

ke
h = Nu (—)
Dy
and the instantaneous in-chamber convective heat transfer can be written as equation

(5.5).

Q. 1
dec = o X h X Ape X (Tyan — Tc) (5.5)

where Ay, is the total heat transfer area and T, is the instantaneous temperature of the
wall of the surrounding chamber in contact with the working fluid. Since the thermal
mass of the chamber material is relatively large as compared to the cycle time of the
compressor cycle, it is expected that the value of T, is relatively constant throughout
a compressor cycle. In this study, it is assumed to be a constant and it is equal to the

arithmetic mean of the suction and discharge gas temperature.

5.2.3 Results and Discussions

The measurements of the pressure-angle histories in the experimental studies of
revolving vane compressor were carried out based on the operating conditions and the

main design dimensions are presented in Table 5.1.
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Table 5.1 Operating conditions and main dimensions of RV prototype [5]

Operating Conditions (Air is the working fluid)

Volume displacement 34.65 cc/rev Suction pressure 1.01 bar
Operational speed 600, 800 and 1000 rpm | Discharge pressure 2.00 bar
Main Dimensions
Rotor radius 30.0 mm Vane length 18.0 mm
Cylinder radius 34.5 mm Vane thickness 5.0 mm
Compressor length 38.0 mm Vane tip radius 3.0 mm
Suction port diameter 10.0 mm Discharge port diameter ~ 10.0 mm

Figures 5.3 to 5.5 show the comparison between the prediction (without in-

chamber convective heat transfer) and the measurement of pressure-angle histories for

the compressor shaft speeds of 600, 800 and 1000 rev/min.

2.6 4

P_(bar)

0.8

—— Measured
- - - - Predicted

T T T
180 270

Angle of Rotation (°)

Figure 5.3 Measured and predicted pressure variations in compression chamber of

revolving vane compressor (600 rpm, prediction is without heat transfer)
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Figure 5.4 Measured and predicted pressure variations in compression chamber of

revolving vane compressor (800 rpm, prediction is without heat transfer)
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Figure 5.5 Measured and predicted pressure variations in compression chamber of

revolving vane

compressor (1000 rpm, prediction is without heat transfer)
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Generally, it is observed that both predicted and measured pressure-angle
histories follow the same trend during compression and discharge process, which is in
consistency with the assumption in compressor thermodynamics model using spatially
independent approach. However, the theoretical prediction always under predicts the
variation of the chamber pressure. It is deduced that the discrepancy is caused by the
exclusion of the in-chamber convective heat transfer between the surrounding chamber
and the working fluid during the compression process. In addition, this argument is
supported by the fact that the discrepancy decreases as the compressor speed increases.
This is because at higher operational speeds, the heat transfer effect is lower as there is
shorter time for heat transfer to occur since the cycle time gets shorter. To validate the
above deductions, the in-chamber convective heat transfer has been included in the
compressor simulation model by using the available convective heat transfer

correlations as discussed earlier.

Figure 5.6 shows the measured and predicted pressure variations from different
convective heat transfer correlations for shaft speed at 600 rev/min. The comparison
shows that the correlation presented by Liu and Zhou gives the best prediction. In
addition, it is also noted that the correlations by Adair and Annand underestimated the
heat transfer effect and Annand’s correlation gives the poorest prediction. Figure 5.7
shows the instantaneous and average heat transfer rate and heat flux with different
correlations at 600 rev/min. The correlation from Annand is not suitable among the
correlations as it predicts the reverse heat transfer direction. The heat transfer effect is
obvious when the rotational speed is at 600 rev/min. The thermal interaction duration is
longer when the rotational speed is lower. Therefore, correlation from Liu & Zhou gives

a better prediction than Adair’s at 600 rev/min.
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In the case for the higher shaft speed of 800 rev/min, as shown in Figures 5.8
and 5.9, Liu and Zhou’s correlation gives the prediction that matches the measured
pressure variation well while the predictions from the other two correlations still
underestimate the heat transfer effect. For the case when the shaft speed is increased to
1000 rev/min, the result shown in Figure 5.10 reveals that the prediction given by Liu
and Zhou correlation matches the measured data well while correlations from Annand
and Adair remain underestimating, though the latter moves closer to the measured
values. This is because the available duration for the heat to be transferred is shorter and
therefore, the heat transfer is expected to be less effective and the lower average heat
transfer rate is expected, as shown in Figure 5.11. It can be concluded that Liu and
Zhou’s correlation gives the best-fit description for in-chamber convective heat transfer
for revolving vane compressor over the ranges of speeds evaluated. This correlation is
found to give a maximum discrepancy of less than 2.0% and occurs during the initial

compression process when the chamber pressure is low.
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Figure 5.6 Measured and predicted pressure variations in compression chamber of

revolving vane compressor (600 rpm, prediction is with heat transfer effect)
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Figure 5.7 The instantaneous and average heat transfer rate and heat flux with different

correlations at 600 rev/min
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Figure 5.8 Measured and predicted pressure variations in compression chamber of

revolving vane compressor (800 rpm, prediction is with heat transfer effect)
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Figure 5.9 The instantaneous and average heat transfer rate and heat flux with different

correlations at 800 rev/min
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Figure 5.10 Measured and predicted pressure variations in compression chamber of

revolving vane compressor (1000 rpm, prediction is with heat transfer effect)
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Figure 5.11 The instantaneous and average heat transfer rate and heat flux with different

correlations at 1000 rev/min
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5.3 Concluding Remarks

The accuracy of the theoretical prediction of the revolving vane compressor has
been improved by the inclusion of the instantaneous in-chamber convective heat
transfer between the working fluid and the surrounding chamber wall. The heat transfer
correlation derived by Liu and Zhou gives the best fit when comparing the predicted
chamber pressure to the measured pressure data for shaft speeds of 600, 800 and 1000

rpm. The maximum discrepancy has been reduced from 5.2 % to 1.8 %.

The details account for the convective heat transfer in this unique crescent-
shaped compressor working chamber with both rotor and cylinder rotating at their own
centres are presented. The flow inside the compression chamber is mainly characterized
by the rotational velocities of the rotor and the cylinder. Thus, the characteristic velocity
of the flow inside the chamber can be approximated as the arithmetic mean of the rotor
and the cylinder tangential velocities. In addition, the equivalent hydraulic diameter is
uniquely defined as the quadruple of the ratio between the area of the protruded portion
of the vane and the wetted perimeter of that area. The comparison between the
measured and the predicted results clearly shows that the inclusion of the in-chamber
convective heat transfer model is significant and the compression process is not

adiabatic.
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Chapter 6

Theoretical Study III:

Force Analysis and Journal Bearing Design

6.1 Introduction

The design of a compressor is incomplete without understanding of the forces
acting on every compressor component. The forces acting on the compressor are
dynamic in nature and the analysis allows the designer to understand the actual
instantaneous load on the compressor. Normally, journal bearings are used to support
the dynamically loaded compressor components. The journal bearing is a hollow
cylinder which wraps the rotating component (usually known as journal) and filled with
the lubricant within the space separating them. The lubricant acts as a medium that

supports the journal and prevents the occurrence of the metal to metal contact.

In this chapter, the theoretical details of the forces analysis and the journal
bearing design for the revolving vane compressor will be presented. The forces acting
on the revolving vane compressor components will be discussed by examining the free
body diagrams of the components. Subsequently, the design analysis for the
dynamically loaded journal bearing of the compressor will be presented. The influence

of the pressure ratio, operating speed, compressor configuration as well as the bearing
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design parameters, namely the bearing radius and the bearing length on the journal

bearing performance will be discussed.

6.2 Force Analysis

The main forces acting on the rotor, the cylinder and the vane in the fixed-vane
revolving vane compressor are shown in Figure 6.1. During the operation, the cylinder
is driven by a motor and it rotates the rotor through split bush by using the vane that is
rigidly attached to it. Hence, there exists a contact force between the vane and the split
bush. The magnitude of the contact force (F,) can be found by considering the torque

equilibrium for the rotor as given in equation (6.1).

I, X a, = Fyy X R, X cos(¢p, — de) + Z(Ff) X F)r (6.1)

It can be seen that the magnitude of the contact force is dependent on the rotational
inertia of the rotor and the torque caused by the friction. It is noted that the latter is
negligible as compared to the former and therefore, the vane contact force can be
presented by equation (6.2) approximately.

[, X a

Rr COS((I)r - d)c)

(6.2)

Fon =

The contact force (F,,) is used to drive the rotor into rotational motion and the
magnitude depends on the rotor inertia. In equation (6.2), I; represents the rotational

inertia of the rotor and it can be expressed by equation (6.3).

1 2 1 2
Ir = Eerr + Emrers (63)
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It is noted that equation (6.3) is valid under the consideration of a solid rotor piece
whereby in fact, the rotor is lighter due to the necessary features, namely suction port
and vane slot. In addition, due to the vane contact force, there is a friction force occurs
at the vane side and its slot, as shown in Figure 6.1. The frictional force depends on the
magnitude of the contact force and the local friction coefficient, which can be expressed
by equation (6.4). As a result, it is deduced that the vane side friction increases as the

rotor inertia increases.

For = Mys X Fyp (6-4)

The vane reciprocates inside the vane slot provided by the split bush in the rotor during
operation. The reciprocating motion of the vane resembles the vane motion inside the
rolling piston compressor. The vane side friction coefficient in a rolling piston
compressor is experimentally found as 0.15 [139]. Hence, this value of friction
coefficient is adopted in the theoretical analysis on vane-side frictional loss of revolving

vane compressor due to the similarities in motion and lubrication condition.
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Figure 6.1 Force diagram of fixed-vane revolving vane compressor

In addition to the contact force and the friction force at the vane side, part of the
vane body is exposed to the working fluid in the working chamber and hence both sides
of the vane are subjected to the working fluid pressure in the suction and the

compression chamber respectively. The magnitude of this pressure force on the vane is
Fop = (Pc = Ps) X Lyp X L (6.5)

Besides, the outer surface of the rotor and the inner surface of the cylinder are exposed
to the working fluid pressure in the suction and the compression chambers, which are
denoted by F,, and F., respectively. As a result, the resultant force acting on the rotor
and the cylinder in the horizontal and the vertical planes can be obtained by summing

all the forces in the respective directions, which are shown in equations (6.6a) to (6.6d).
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Frx = Frpx — Fyn cOs & — Fyesin ¢ (6.6a)
Fry = Frpy + Fyn sin g, — Fygcos ¢ (6.6b)
Fex = Fepx + Fyp cos b + Fyp cos d¢ + Fyesin (6.6¢0)
Fey = Fepy — Fyp sinde — Fyp sin e + Fypcos (6.6d)

The variations of the resultant force acting on the rotor and the cylinder
considering the internal leakage losses [121] are shown in Figure 6.2. The resultant
force acting on the rotor and the cylinder are determined by the inertia force and the
force due to the working fluid pressure. The internal leakage occurs at the clearances
between compressor components due to the pressure difference across the high-pressure
compression chamber and the low-pressure suction chambers. As a result, under the
consideration of internal leakage, the pressure profile in the working chamber over one
complete cycle fluctuates more than the perfectly-sealed compressor and hence, the

resultant force acting on the rotor and the cylinder will be affected.

The variations of the working fluid pressure in the chamber, the resultant force
acting on the rotor and the cylinder with and without leakage consideration are shown in
Figure 6.2. The pressure profiles in both cases are similar except during the end of
discharge process. However, the variations of the resultant force on the rotor and the
cylinder exhibit the similar profile in both cases. The distinct pressure profile difference
at the end of the discharge process between both cases has no remarkable effect on the
resultant force because the actual area acted by the working fluid pressure towards the

end of discharge process is small.
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Both forces exhibit identical variations and magnitude throughout the whole
compressor cycle. The existence of the first peak is due to the maximum of the product
between the vane exposed area and the pressure difference across the vane. The
subsequent peaks are due to the pressure fluctuations as a result of discharge valve reed
vibration during the discharge process. It can be seen that the force experienced by the
rotor and the cylinder are dynamic with respect to the rotation of the compressor and

these require journal bearing supports.
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Figure 6.2 The profiles of working fluid pressure and resultant force on the rotor

and the cylinder with and without leakages considerations

6.3 Design Method for Journal Bearing

The magnitude of the forces acting on the compressor components can be as

high as or greater than 1 kN. These forces can be supported by journal bearings. As
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shown in Figure 6.3, the lubricant which fills the space between the journal and the
bearing acts as a medium that supports the rotating journal and prevents the occurrence
of the metal to metal contact. In the same figure, it can be observed that as the shaft
rotates, an oil wedge will be created and the fluid pressure will be developed within the
lubricant to support the loaded journal and relocates the journal within the bearing
clearance such that the centre of the journal is at a distance away from the centre of the
stationary bearing. A proper design of a lubrication oil distribution system for a proper
functioning of the journal bearing is important to ensure the oil is sufficiently delivered
to the lubricated region at the required flow rates. The details on oil distribution will be

presented in Chapter 8.
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Figure 6.3 Schematics of a journal bearing

With reference to Figure 6.3, it can be seen that if the load (F) varies, the journal
centre changes accordingly and causes the fluctuations in the angular position of the
starting and the ending of lubricant pressure profile. This results in a varying minimum

oil film thickness and varying magnitude of the lubricant pressure supporting the load.
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As a result, the interacting surfaces of the journal and the bearing are subjected to
fluctuating stress which makes the fatigue strength as an important concern in the
selection of the bearing material. In addition, the smallest minimum oil film thickness
throughout the entire compressor cycle dictates the specifications of the surface
roughness for the surface of the journal and the bearing. Therefore, the variations of the
minimum oil film thickness and the maximum film pressure are important parameters

required for a reliable journal bearing operation.

To determine the pressure distribution in a journal bearing with an arbitrary film
shape, Reynolds equation can be used [140]. From the consideration for conservation of
momentum and mass with the assumptions for laminar, Newtonian, inertia-less and thin

film flow, the Reynolds equation can be obtained as shown in equation (6.7).

0 (ph3 0P +6 ph3 0P
0x\12u dx dy \12u dy

10 dh
=535 P(Ua + Up)h] — pUp —— + p(wp —wa) +h

ap

s 6.7)

Both terms on the left hand side of equation (6.7) represent the flow due to
pressure gradients, which is known as Poiseuille flow. For the terms on the right hand
side, the first term represents the flow due to shear, which is known as Couette flow; the
second term indicates the flow due to geometric squeeze; the third term shows the flow
due to normal squeeze and the last term indicates the time-variant expansion. The

Couette flow term can be expanded into equation (6.8).

1 d(U, + Uyp)

L9 o, +Uph] = =[oh oW+ U v, +un 2| (68
2 9x P-a b/ =5 1P ox Pi-a b7 9x a b7 9% '
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The first component of Couette flow takes into account of the physical stretch of
the bearing material. In practice, the bearings are made of rigid materials, hence this
term is nil. The second term shows the physical wedge and it is the most important term
for the pressure generation in the journal bearing. Basically, to generate a positive load-
carrying capacity, the surface should have a converging gap, hence dh/ dx is negative.
The last term on the right hand side of the equation shows the density wedge, which is
capable of generating positive load carrying capacity but the influence is subtle as

compared to physical wedge.

For most practical applications, the density wedge, the physical stretch and local
expansion terms are neglected. Hence, a simplified Reynolds lubrication equation is
formed and it is given as equation (6.9).

d (ph3ap +6 ph3 oP 1 w U)ah+ ( ) 6o
0x \ 12 0x dy \12p dy =5 PWVa b) 5 TP Wb = Wa (6.9)

For a closed-form solution, special circumstances are required. One of the special
circumstances is known as infinitely short bearing approximation. The approximation
states that the length of journal bearing is very much smaller than its diameter and thus
the first term on the left-hand side of equation (6.9) is negligible as compared to the
second term. Physically, it means the flow due to rotational motion is negligible as
compared to the flow to the side of the journal bearing, or in other words, the flow is
easier to flow to the side of the bearing. Based on this infinitely short approximation,

the pressure distribution can be found and it is given in equation (6.10).

LBr)Z y [1 ( y )Zl y Ié cos 0 + &(p — w,y) sin O 6.10)

Psa = —61 (3] x |- (2=
15A H Opr 4  \Lp, (1 +€cos0)3
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where € represents eccentricity ratio, which is defined as the ratio between the centre
distance of the rotating journal and the stationary bearing to the bearing clearance and €
represents the rate of change in the eccentricity ratio. On the other hand, the journal
bearing configuration can be assumed as infinitely long too. In this case, the term
associated with the flow to the side of bearing is negligible as compared to the flow in

the direction of rotation and the pressure distribution is given by equation (6.11).

RBr 2 . H . 2
Ppa = —6u 5 X |€cosO + s(q) - (oav) sin @ x T 2 (6.11)
Br €

However, the journal bearing in practical design is neither infinitely long nor infinitely
short. The journal bearing has a finite length in reality. Reason and Narang [141]
proposed a pressure distribution for a finite-length journal bearing. The expression
combines the solutions of infinitely short and infinitely long approximations

harmonically and it is given by equation (6.12).

2
e o 6 - &)

€cos0 + s(cb — wav) sin @
0.25 — (y/Lg,)?
B,

(6.12)
1+

where B; = (1 + £cos 0)(2 + £cos 0) /(Lg./Rgr)?.

As a result, the load-carrying capacity of the fluid film can be found by
integrating the pressure variation in the fluid film region over the surface area and it is

in balance with the load acting on the rotating shaft. Resolve the forces into the

133



Chapter 6 Theoretical Study III: Force Analysis and Journal Bearing Design

directions of line of centres and the direction perpendicular to it, the force balance

equations can be written as equations (6.13a) and (6.13b).

8, L/2
Fcosdp = — f f PcosORdO dz (6.13a)
6, -L/2
8, L/2
Fﬁn¢::+-f .f PsinB R d6 dz (6.13b)
6, -L/2

It is clear that both sides of equation (6.13) are function of eccentricity ratio (g)
and attitude angle (¢), which are defined as the ratio of the distance between rotating
shaft centre and the journal bearing centre to the radial clearance and the angle between
the line of action and the line of centres respectively, as shown in Figure 6.3. In
dynamically loaded journal bearings, the load on the rotating shaft is known in advance
and therefore, the solutions for the eccentricity ratio and the attitude angle can be
obtained. Hirani et al. [142] proposed a rapid and convergent computational method by
using a two-dimensional Newton-Raphson root finding method in a time marching
forward routine. An initial guess on eccentricity ratio and attitude angle are required and
the solution will be unfolded when the routine converges. As a result, the variations of
the minimum oil film thickness and the maximum film pressure will be known. The
corresponding friction power loss caused by the hydrodynamically lubricated journal

bearing can be calculated by the following equation [143].

nwjRE, Lp, T (2 + 5) Spre \/7 _
Pigr = Rpr X Wy X F2 + F2 6.14
fBr Br X Wy ISBrm T+e + R X + Fy sin ( )

134



Chapter 6 Theoretical Study III: Force Analysis and Journal Bearing Design

€ represents the eccentricity ratio, which is defined as the ratio between the centre
distance of rotating journal and stationary bearing to the bearing clearance. € represents

rate of change in eccentricity ratio.

In the same paper, Hirani et al. [142] have verified the proposed computational
approach by comparing it with the results from other more comprehensive
computational approaches such as finite element method, as shown in Table 6.1. The
results generated from the proposed scheme match very well with that from the finite
element method and it is better than infinitely short approximation. The scheme over
predicts the value of minimum oil film thickness as compared to the finite element

method but the discrepancy is below 10%.

Table 6.1 Comparison of various analytical methods for journal bearing design [142]

Maximum oil film Minimum oil film
Methods .
pressure (MPa) thickness (um)
Infinitely short approximation 104 242
Finite element method 91.5 1.69
Proposed scheme 94.4 1.83

6.4 Journal Bearing Design

For the unique geometrical arrangement of revolving vane compressor, there are
two designs to place the journal bearings and these are shown in Figures 6.4 (Type I)
and 6.5 (Type II) respectively. For the Type I arrangement shown in Figure 6.4, the
rotor and the cylinder are each supported by one journal bearing in a cantilever manner.
The load on the rotor (F,,) is transferred to the journal bearing on the right-hand side

and the load on the cylinder (F,) is transferred to the journal bearing on the left-hand
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side. The Type II arrangement is shown in Figure 6.5, in which the cylinder is supported
at both ends by the journal bearings on both sides, which means the load on the cylinder
is shared equally by the two bearings while the rotor remains in cantilever arrangement.
The arrangement of the journal bearing dictates the information on how the resultant
force on the rotor and the cylinder is transferred to the journal bearing and the

magnitude of journal bearing load.
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Figure 6.4 Journal bearing arrangement in fixed-vane revolving vane compressor (Type
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The variations of the minimum oil film thickness (hy,;,) and the maximum oil
film pressure (Pmax) for Type I and Type II are illustrated in Figures 6.6 and 6.7
respectively. The smallest value of hy,;, is particularly important as it dictates the proper
function or otherwise of the journal bearing. The adequacy of smallest hy, should be
checked with the surface roughness requirement based on a specified surface finish,
which is closely related to the type of manufacturing process. It is suggested that the
smallest hy,;, should be greater than or at least equal to ten times the combined surface
roughness values for surfaces [144]. For example, the smallest value of hp,, for the
journal bearing which support the rotor in both arrangements is 4.3 um, therefore the
surface finishing requirement for the rotor and its counterpart journal bearing should be
at least 0.2 um or lower, in which the grinding process would be required. In addition,
as referred to Figures 6.6 and 6.7, it is noted that the smallest h;, for the journal bearing
which supports the cylinder in Type I and Type II arrangement is 4.0 pm and 6.6 um
respectively. It is because the load acting on the journal bearing in cantilever
arrangement is magnified as compared to that in the simply-supported arrangement.
Thus, a higher journal bearing load requires a higher pressure developed in the oil film
by having a lower value of the oil film thickness. On the other hand, it can be observed
that the profiles of the maximum oil film pressure are fluctuating and in the same trend
as the force variations as presented in Figure 6.2. As a result, based on the maximum oil
film pressure information, the decision on the bearing material can be made and a

material with compatible yield strength should be recommended.
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Figure 6.7 Variations of hyi, and P,y for type Il arrangement

6.5 Results and Discussions

Journal bearing is crucial to the proper functioning of the compressor, in

particular the reliability. By having a different set of journal bearing design parameters,
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the smallest h,,;, varies and thus, the allowable surface finish for the shafts of the rotor
and the cylinder also varies. In addition, the amount of journal bearing frictional loss is
also affected by having different design parameters of the journal bearing. In general,
for an efficient journal bearing design, the smallest hy,;, must be generous due to the
limitation of the available manufacturing techniques and at the same time the journal
bearing frictional loss must be kept as minimum as possible. On the other hand, if the
compressor geometrical configuration can be made in such a way that the journal
bearing load can be reduced, it would be of great advantages as the surface finish
requirements will be significantly reduced. The effect of various design parameters of
the journal bearing, compressor configuration and operating conditions will be studied

for Type II arrangement.

6.5.1 Effect of Journal Bearing Length

The effect of journal bearing length on the smallest hy,;, is illustrated in Figure
6.8. In general, as the journal bearing length increases, the lubricated surface area of the
bearing increases. Thus, there is an increment in the smallest hy, since there is more
support from the larger lubricated surface area to shoulder the rotating journal. However,
it i1s observed that there is an increase in the journal bearing friction as a result of
increasing lubricated surface area. The results also shows that by having an increment of
5.0 mm in journal bearing length, the smallest hy,;, for the journal bearings which
support the rotor and the cylinder increases by 0.2 um and 0.6 pm respectively while

the respective journal bearing frictional loss increases by 4.1 W and 21.9 W.
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6.5.2 Effect of Journal Bearing Radius

The journal bearing performance is also affected by its radius. Figure 6.9 shows
that as the radius of the journal bearing increases by 5.0 mm, the smallest h;, increases
from 4.2 um to 4.8 um for the rotor journal bearing and from 6.5 pm to 6.9 um for the
cylinder journal bearing. The result also shows that the frictional losses for the rotor and
the cylinder journal bearing increased by 30.4 W and 71.0 W respectively. Similar to
the effect of changing the length of journal bearing, the increment in smallest hy,;, and

journal bearing frictional loss are due to the increment in the lubricated surface area.

6.5.3 Effect of Rotor to Cylinder Radius Ratio

Figures 6.10 and 6.11 show the effect of the rotor-to-cylinder radius ratio on the
resultant force acting on the rotor and the cylinder and the required values of smallest
hmin respectively. In general, by having a low rotor-to-cylinder radius ratio, the total
swept area between the rotor and the cylinder will be increased. Thus, the axial length
of the compressor will be reduced if the total swept volume is kept constant. In other
words, the compressor can be in a long and thin or in a short and fat configuration for a
prescribed volume flow rate. One of the important results due to different rotor-to-
cylinder radius ratios is that if the rotor-to-cylinder radius ratio is smaller, the resultant
force is smaller too due to the significant decrement in the compressor axial length. The
result shows that the peak resultant force decreases from 1207 N to 695 N when the
rotor-to-cylinder radius ratio is decreased from 0.87 to 0.79. Therefore, the load
carrying requirement for the journal bearings can be reduced by having a low rotor-to-
cylinder radius ratio. As shown in Figure 6.11, the smallest hy, is increased due to a

lower journal bearing load and hence, the requirements for the surface finish for both
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the rotating journal and its bearing are reduced significantly and it is desirable in the

compressor design.
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Figure 6.10 Variations of journal bearing load with rotor-to-cylinder radius ratio
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6.5.4 Effect of Pressure Ratio

The effect of pressure ratio on the journal bearing performance has also been

analyzed. Since the pressure ratio depends on the evaporating temperature and the

condensing temperature, the range of pressure ratio in this analysis is chosen according
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to the commonly used commercial air conditioning compressor testing conditions.
Figure 6.12 shows the effect of the pressure ratio on the smallest hp,. The trend shows
that for a constant evaporating condition, the smallest hy,;, decreases as the condensing
temperature increases. This is because when the temperature difference increases, the
pressure difference also increases. Therefore, the resultant force acting on the rotor and
the cylinder will be larger and the required hy,, will be smaller so as to generate a more
positive oil film pressure force to support the heavier loaded shaft. For example, at
evaporating temperature of 7.2 °C, the smallest hy,, decreases from 5.4 um to 4.1 um

for the rotor journal bearing when the condensing temperature increases from 37.8 °C to

60.0 °C.
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Figure 6.12 Variation of smallest hy,, with operating conditions
6.5.5 Effect of Operating Speed
The effect of the compressor operating speed is also investigated. As referred to
Figure 6.13, the smallest hy,, increases as the operating speed increases from 20 Hz to

60 Hz under the same operating temperatures. As the compressor operating speed is
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increased, the effect of dragging the oil flow into the convergent region which causes
the required positive pressure is enhanced and thus, the smallest hp;, is increased in

order to support the same journal bearing load.
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Figure 6.13 Variation of smallest hy,;, with operating speed

6.6 Concluding Remarks

The details on the journal bearing design for the revolving vane compressor
have been presented. The possible arrangements for the journal bearing have been
shown. The loading on the journal bearings of the revolving vane compressor is mainly
due to the inertia force of the driven component and the pressure force acting on the
rotor and the cylinder. The loading is varying throughout the whole compressor cycle
and the maximum force corresponds to the highest value of the product between the
projected areas of the rotor or the cylinder as well as the working fluid pressure. The
peak bearing force varies for few hundreds of Newton to a couple of kilo-Newton with

the lower one coming from the lower rotor-to-cylinder radius ratio.
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The high values of the journal bearing load corresponds to the low value of hyp.
The value of hp;, is important as it dictates the surface roughness requirements on the
rotating journal and its bearings. In addition, a good compromise between the frictional
loss and the required surface finish must be achieved. The theoretical results predicted
that the difference between the smallest hyin for cylinder journal bearing in simply
supported form and cantilever form is 2.6 pm. This indicates that by having the parts
simply supported, the requirement on the surface finishing will be lowered. In addition,

the results also show that

» Increase the length of the journal bearing, the smallest hy,;, increases. For the
journal bearing used to support the rotor and the cylinder, the smallest hp,
increases from 4.3 um to 4.5 um and from 6.6 um to 7.2 um respectively, for an

increment of 5 mm in the journal bearing length.

» Similarly, by having the increment in the journal bearing radius of 5 mm, the
increments in the smallest h,,;, for the journal bearing used to support the rotor
and the cylinder are 0.6 um and 0.4 pm respectively.

» The energy loss due to the journal bearing friction increases when the length or
the radius of the journal bearing increases. It is found out that the increment in
the journal bearing friction due to the change in journal bearing radius is more
significant than the change in journal bearing length. The total increments in the
journal bearing frictional loss are 26.0 W and 101.4 W for a 5 mm increment in
journal bearing length and journal bearing radius respectively.

» The smallest hp;,, decreases as the difference between the evaporating

temperature and the condensing temperature increases. At constant evaporating
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temperature of 7.2 °C, the smallest hy, decreases from 5.4 um to 4.1 um for the
rotor journal bearing when the condensing temperature increases from 37.8 °C
to 60.0 °C.

» The compressor operating speed determines the rate of dragging the oil into the
convergent region, which in turn generates the positive pressure to support the
loaded journal. As the compressor operating speed decreases, the smallest hpiy
becomes lower in order to generate a higher oil film pressure to support the
loaded rotating journal. It is shown that as the compressor speed decreases from
60 Hz to 20 Hz, the smallest hy;, drops from 3.2 um to 2.8 um for the rotor

journal bearing.

Under the limitation of current available manufacturing techniques, the variation
of minimum oil film thickness should be carefully assessed so that the reliability of the

revolving vane compressor can be enhanced.
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Chapter 7

Design of a Fixed-vane

Revolving Vane Compressor Prototype

7.1 Introduction

The functionality of the fixed-vane revolving vane compressor which uses the
cylinder as the driving component to drive the rotor through the vane will be
investigated experimentally. The prototype is designed with a small capacity of 1.7
cc/rev in order to investigate the distinct performance characteristics of a small fixed-
vane revolving vane compressor. In this chapter, the detailed design of the compressor
prototype used in the experimental investigation will be unveiled. The component

design, the method of lubrication and the dynamic balancing issues will be addressed.

7.2 Prototype Design

In the fixed-vane revolving vane compressor prototype, there are nine
components and these are the cylinder and its cover, the rotor, the vane, the split bush,
the discharge valve reed, the valve plate and the journal bearings. The compressor
prototype can be grouped into three assemblies, namely cylinder assembly, rotor
assembly and the journal bearing assembly. The rotor and the cylinder assemblies rotate

about their respective centres during the operation and are supported by the journal
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bearing assembly. In this section, the design features of these assemblies will be

revealed.

7.2.1 Cylinder Assembly

The cylinder shown in Figure 7.1 is chosen as the driving component and thus
the cylinder shaft is connected to an electric motor during the operation. The shaft of the
electric motor shaft is directly coupled to the cylinder shaft by two set screws. In
addition, the vane is held fixed to the cylinder by securing two screws to the top and one

at the back of the vane.
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Figure 7.1 Assembly of cylinder, vane, discharge valve and valve plate

The other design feature on the cylinder is the discharge port. The discharge port
is located at the outer circumference of the cylinder. The discharge port is covered by a
rectangular discharge valve reed, which has one end fixed by a screw on to the cylinder
wall and the other remains free. The amplitude of the discharge valve reed motion is
restricted by a valve plate. The cylinder is covered by a cover, as shown in Figure 7.2. A
groove is cut on the cover to accommodate the O-ring, which is used to seal the possible
working fluid leakage through the clearance between the cylinder and its cover. The

cylinder and its cover are held together by eight screws.
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Figure 7.2 Cylinder and its cover

cylinder

cylinder
shaft

7.2.2 Rotor Assembly

The rotor shown in Figure 7.3 is the driven component in this prototype. During
the operation, the rotor is driven by the vane through a split bush. A vane slot is created

in order to permit the swivelling motion of the vane.
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Figure 7.3 The rotor and the split bush

The other design feature on the rotor is the suction port. The suction port is

drilled from the rotor circumference vertically at a distance away from the vane slot to

149



Chapter 7 Design of a Fixed-vane Revolving Vane Compressor Prototype

the centre of the rotor shaft. The working fluid goes into the working chamber through

this port from the intake hole, which is located at the end of the rotor shaft.

7.2.3 Journal Bearings Assembly

The cylinder and the rotor assemblies constitute the major fixed-vane revolving
vane compressor mechanism. The compressor assembly requires support during the
operation as the components are subjected to loadings. In this prototype design, the
cylinder is supported in a simply supported manner by two journal bearings one on each
side and the rotor is supported by a single journal bearing in a cantilevered manner, as
shown in Figure 7.4. The lower casing serves as the lower cylinder journal bearing
while the upper casing serves as the upper cylinder journal bearing and the rotor journal

bearing.

The diameter and the length of the bearings are decided based on the bearing
loads and the surface roughness requirement, in which the details have been discussed
in Chapter 6. Based on the highest testing pressure ratio (5:1), the distribution of the
required minimum oil film thickness over one compressor cycle can be predicted.
Figures 7.5 and 7.6 show the distribution of the required minimum oil film thickness for
the rotor and the cylinder journal bearings respectively. The surface roughness
requirement is required to be at least 10 times smaller than the lowest minimum oil film
thickness and since there are two surfaces are involved, the finalized surface roughness
requirement will be at least 20 times smaller than the lowest minimum oil film thickness.
For example, the lowest minimum oil film thickness required for the rotor journal
bearing is 5.76 um and therefore, the surface roughness for the surfaces of rotor shaft

and its bearing will be 0.3 um. As a result, the dimensions of the journal bearings are
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finalized based on the compromise between the surface roughness requirement and the

machining capability of the local manufacturing vendor.
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Figure 7.4 Journal bearing arrangement of the revolving vane compressor prototype
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The lower and the upper casings will be secured together by screws. The rotor shaft and
the cylinder shaft protrude out from the casings and thus, lip seals are required to
prevent possible leakage of the working fluid through the mating clearance of both

casings.

7.2.4 Other Design Features

The other main design features can be found on the lower casing, as shown in
Figure 7.7. The discharge of the working fluid from the compressor will exit via the
pipe connector to the atmosphere. In addition, the transparent sight glass will be placed
in front of the compressor shell in order to monitor the experimental situation such as
oil level during the compressor operation. The location of the sight glass also serves as

oil refill port.
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Figure 7.7 Other design features on lower casing

7.3 Method of Lubrication

Lubrication is important during the compressor operation as it protects the
components from excessive wear and it also seals the leakage of the working fluid from
the high-pressure chamber to the low-pressure chamber. Therefore, an efficient
lubrication system is required for the compressor in order to avoid premature
compressor failure. In this section, the unique lubrication system design for the

revolving vane compressor will be presented and discussed.

In general, lubricant is required for the components which are in contact with
other components and often, the lubricant in the compressor is stored at the lowest part
of the compressor shell, which is normally known as the oil sump. The oil will be

driven from the oil sump to the required location mainly through the pressure difference
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and sometime, the oil flow will be assisted by the positive dragging effect from the

spiral groove, which is dependent on the oil flow rate requirement.

Figure 7.8 shows the entire oil flow path for lubrication system for the prototype.
The oil flow paths are designed based on the oil flow network analysis, in which the
details are presented in Chapter 8. The oil is always settled at the lowest part of the
compressor shell (point 2) and is subjected to a high discharge pressure in the discharge
chamber. The oil will be pushed to the side of the cylinder shaft (point 3) and enters the
centre of the cylinder shaft (point 4) through the lower radial hole. The oil continues to
flow up to the junction (point 5) where the oil separates into two paths, one to lubricate
the lower cylinder journal bearing (point 6) and the other to the lower end face between
the rotor and the cylinder (point 7). It is noted that a spiral groove is cut on the cylinder
shaft to drag more oil to lubricate the lower cylinder journal bearing. At the lower end
face, the oil can flow to the suction and compression chambers due to the pressure
difference. The oil also travels up through the slanted hole in the rotor (point 8) and exit
through the radial hole on the rotor shaft (point 9) to lubricate the cantilevered-type
rotor journal bearing (point 10). It is noted that the spiral groove is also cut on the rotor

shaft to enhance the oil flow.

The oil thus reaches the upper end face between the rotor and the cylinder cover
(point 11). Similarly, the oil can travel to the suction and compression chambers
depending on the pressure difference. Furthermore, the oil can also be dragged up by the
inner spiral groove on the cylinder cover to lubricate the upper cylinder journal bearing

and circulate back to the oil sump (point 12).
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The overall lubrication system design for the revolving vane compressor is
presented. The further details on the dimensioning of each oil delivery path will be
discussed in the next chapter, where the theoretical analysis on this unique lubrication

system of revolving vane compressor is revealed.
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Figure 7.8 Method of lubrication in fixed-vane revolving vane compressor prototype

7.4 Dynamic Balancing

During the compressor operation, the cylinder and the rotor assemblies rotate
about their respective own centre. Having all the necessary design features made on the
components as shown in the previous sections, the resultant mass centre of each

assembly undoubtedly deviates from the rotational axis. Therefore, the unbalance forces
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incurred and resulted in an undesirable vibration and noise as well as additional
frictional loss, especially at high operating speeds. Therefore, the dynamic balancing is
required to ensure the coincidence of the assembly mass centre and its rotational axis.
The dynamic balancing procedure is to be carried out after having all the design features,
dimensions and after the type of materials used have been confirmed. The balancing can
be done by either adding a counterweight to, or removing the materials from the

component of interest.

The cylinder, the cover, the vane, the discharge valve reed and its valve plate,
which constitute the cylinder assembly, rotate about the same centre during the
operation. The cover is perfectly balanced since the features on it are all symmetrical to
its rotational axis. Therefore, it can be excluded in the dynamic balancing procedure of
the cylinder assembly. As observed from Figure 7.1, the vane, the discharge port, the
discharge valve reed and valve plate are all located in the same region of the cylinder
and these will move the resultant mass centre away from the rotational axis. The
dynamic balancing for the cylinder assembly is done by removing the material in two
steps, one to balance the x-direction and other is to balance the z-direction. The resultant

design for the balanced cylinder assembly is shown in Figure 7.9.
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Figure 7.9 Balanced cylinder assembly

Having a suction port, a vane slot, a slanted oil delivery hole created on the rotor and
combines with the split bush, the mass centre of the rotor assembly is definitely deviates
from its rotational axis. The dynamic balancing for the rotor assembly is carried out by

removing material, as shown in Figure 7.10.

The dynamic balancing is a repetitive trial and error process and the mass
centres of the assemblies are checked through the CAD modelling software at the end of
every trial. The dimensions of the balancing features are finalized by ensuring the mass

centres are within four decimal places accuracy to the location of the rotational axis.
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Figure 7.10 Balanced rotor assembly

7.5 Concluding Remarks

The complete design of the revolving vane compressor prototype is shown in
Figure 7.11. The prototype consists of 9 major components, i.e. a cylinder, a rotor, a
vane, a split bush, a discharge valve reed, a valve plate, a cover, a lower and an upper
casing. The capacity is 1.7 cc/rev and the working fluid will be the air. The prototype is

going to be tested in an open cycle under various pressure ratios.
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Figure 7.11 Complete design of fixed-vane revolving vane compressor prototype
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Chapter 8

Lubrication System of

Fixed-vane Revolving Vane Compressor

8.1 Introduction

The role of the lubricant is important in the compressor operation as it is used to
lubricate the sliding surfaces from excessive wear and improves the reliability and
decreases the mechanical losses of the compressor. In addition, the lubricant also acts as
a sealing agent to prevent the gas leakage from the high-pressure compression chamber
to the low-pressure chamber. Furthermore, the lubricant is used for cooling of sliding
parts which are heated by friction to avoid unnecessary temperature rise in the
compressor components and save them from unnecessary thermal stress and
deformation. The secondary task of the lubricant is to protect the compressor parts from
corrosion and dampening the noise level. As a result, an efficient lubrication system is
required in all parts of the compressor where rubbing occurs. Therefore, a suitably
designed lubrication system is crucial for a proper operation of a compressor. A
complete design of a lubrication system for a compressor should cater for the
hydrodynamic lubrication for rotating shafts, oil lubrication at the rubbing parts and the
methods to deliver the required oil flow rate to ensure all the rubbing parts have a

sufficient lubricant supply.
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In this chapter, the design for the lubrication system for the fixed-vane revolving
vane compressor will be presented. The location in the compressor which requires
lubrication will be identified and the oil flow characteristic for each different type of
flow path will be discussed. The individual oil flow paths in the lubrication system will
be assembled and form a lubrication system network which can analogue as a form of
an electric circuit network, whereby the pressure difference, the volume flow rate and
the flow resistance of the oil flow network correspond to the voltage difference, electric
current and electric resistance respectively. The set of linear simultaneous equations,
which can be solved for the oil flow rates resulted from the oil flow network will be
solved by using Gauss Elimination method. The effects of the operating conditions and
design parameters on the resulting oil flow rate, namely the shell pressure, the depth and

the width of groove, the diameter and the length of hole will be examined.

8.2 Lubrication System and Flow Models

The lubrication system for the fixed-vane revolving vane compressor prototype,
which has been presented in the Chapter 7 is shown in Figure 8.1. The lubrication
system consists of different flow elements, which include the flows through the
following paths: (i) the straight hole, (ii) the radial hole on the rotating shaft, (iii) the
journal bearing clearance, (iv) the spiral groove, (v) the axial clearance at the end faces

between the rotor and the cylinder.

With reference to Figure 8.1, the oil sump is at the bottom of the revolving vane
compressor (Point 2) and the discharge pressure is constantly acting on the oil sump
surface (Point 1) since the compressor is in a high-pressure shell. The high discharge

pressure at point 1 & 2 pushes the lubricant to the side of the cylinder shaft (Point 3)
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through the horizontal holes at point 2. The lubricant at this point has to overcome the
pressure generated by the centrifugal force of the rotating cylinder shaft in order to
reach the centre of the cylinder shaft (Point 4). The lubricant continuously climbs up

along the straight vertical hole and reaches a junction (Point 5).
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Figure 8.1 Schematics of lubrication system in fixed-vane revolving vane compressor

prototype

At this junction, a partial amount of the lubricant will be expelled through radial
hole at point 6. This amount of lubricant subsequently flows back to the bottom of oil
sump (Point 3) through the lower bearing clearance, and the flow is enhanced by the
assistance of the spiral groove, which is cut on the cylinder shaft. The remaining

amount of the lubricant will then travel up to the lower end face (Point 7). The lubricant
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at this point either flows to the suction chamber (Point S) or to the compression
chamber (Point C) through the axial clearance at the end faces or flows to the end of the

inclined straight hole (Point 8) with the need of overcoming the height difference.

From the end of the inclined straight hole, the lubricant climbs up to a junction
at 9 through a vertical straight hole and part of it is discharged out at the exit of radial
hole at 10 on the rotor shaft. Subsequently, the lubricant reaches the upper end face at
11 through the upper bearing clearance and the spiral groove on the rotor shaft. The
lubricant at the upper end face at 11 can flow to the suction chamber (Point S) or
compression chamber (Point C). In addition, a spiral groove is created on the inner
surface of the cylinder cover in order to drag the lubricant out from the upper end face
to the end of the cylinder cover at 12. From 12, the lubricant exits radially through the
axial clearance between the end faces of cylinder cover and upper bearing and flows

back to the oil sump at 2.

One of the most important things in the lubrication system design is to ensure
that there is sufficient lubricant circulating within all the oil flow paths. The lubricant
should not be trapped and become stagnant at a certain location as this will cause the
temperature of the lubricant to rise continually as a result of the heat from the friction.
Under such a situation, the viscosity of the lubricant will decrease with temperature and
it will eventually lead to an insufficient lubricant viscosity to provide effective
lubrication. The design of the lubrication system in revolving vane compressor is
proposed and it is observed that the network constitutes of different kinds of flow path

and each of these will have their own characteristics defined by the flow resistance.
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8.2.1 Flow through Straight Hole

The oil flow in either the vertical or the horizontal holes can be modelled as the
flow in a pipe. The difference is that for the flow inside the vertical straight hole, the
flow must overcome the gravitational pull, unlike the flow in the horizontal straight hole,
it is not affected by the gravity. The flow in the straight holes can be modelled as
Hagen—Poiseuille flow, which is driven by pressure difference and the flow is laminar,
incompressible and viscous. Based on the force analysis on the differential fluid element,
the relationship between the pressure difference across the two ends of the pipe and the
volume flow rate in the pipe can be written as equation (8.1).

AP 8uL 8.1
In fact, equation (8.1) represents the flow resistance inside a straight hole. It is

clear that as the length of the hole becomes longer or the radius of the hole becomes

smaller, the flow resistance increases and reduces the flow.

8.2.2 Flow through Radial Hole

The oil flow inside the radial hole in the shaft is expelled from the centre of the
shaft to the outer section due to centrifugal force generated by the rotating shaft. The
flow resistance in this case is similar to that of the flow in the straight hole, except that
there is an additional pressure effect being generated due to the centrifugal force by the
rotational motion of the shaft. This extra pressure is an advantage as it assists the oil
flow through the radial hole along the rotating shaft from the inner to the outer
circumferential surface. Based on the force analysis on the differential element of the

fluid, the extra pressure gained can be expressed by equation (8.2)
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pw?

AP = T(Rg —R?) (8.2)

As seen from the equation (8.2), the pressure gain increases if there is an

increment in the rotational speed of the shaft.

8.2.3 Flow through Bearing Clearance

The oil flow through the bearing clearance is driven by the pressure difference.
Based on the Reynolds equation, the volume flow rate along the axial direction of the

bearing can be written as the equation below.

where h is the oil film thickness which varies from the entrance of the fluid film region

(6 =0°) to the end of the fluid film region (6 = i) and it can be expressed in the form of
h = 6 (1 + € cos0)

As a result, the flow resistance for the axial flow across the bearing can be expressed by

equation (8.3)

AP 12uL
Q  &3,mR(1 + 1.5¢2)

(8.3)

The flow resistance is dependent on the geometry of the bearing, namely the bearing
length L, the bearing radius R, the bearing clearance 0g;, the eccentricity ratio € and the
viscosity of the lubricant p. It can be deduced from equation (8.3) that if the viscosity of
the lubricant increases, it is harder for the fluid to flow, in other words, the flow

resistance increases due to more viscous lubricant. Similarly, if the bearing length is
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longer, the corresponding flow resistance will be greater. Furthermore, the bearing in
larger radius and larger clearance will assist the flow through the bearing clearance. The
last affecting variable is the eccentricity ratio. It is seen that if the eccentricity ratio gets
smaller, the flow resistance increases. This is because for a smaller eccentricity ratio,
the distance between the centres of the journal and its sleeve is closer. Thus, the effect

of squeezing the flow through the bearing clearance axially is reduced.

8.2.4 Flow through Spiral Groove

The spiral groove is usually cut on the rotating shaft to act as a viscous pump to
drag the lubricant effectively to the required lubricating surfaces. The flow inside the
spiral groove is due to the positive viscous pumping effect and the effect of positive
pressure gradient across the spiral groove length, which is a combination of Couette
flow and Hagen- Poiseuille flow. It is noted that the flow rate across the spiral groove

under these effects can be represented by equation (8.4).

= HD dP +1AR i 8.4
Q= 12leZcosB 5 gRwsin B (8.4)

The first term on the right hand side of equation (8.4) represents the flow rate generated
by the pressure gradient across the both ends of the groove. The second term represents
the flow rate created by the viscous pumping by the spiral groove. It is noted that if the
viscous pumping direction is in the same direction of increasing pressure (positive

dP/dz), the total flow rate through spiral groove will be decreased.

8.2.5 Flow through Axial Clearance (End Faces)

The oil flow through axial clearance between the end faces of rotor and the

cylinder can be modelled as the flow between two fixed parallel, circular disks
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separated by a small gap. The fluid flows radially outward owing to the pressure
difference between the inner and outer radius respectively. Based on the Navier-Stokes
equation under the assumption of laminar, steady and incompressible, the relationship
between the pressure difference and the volume flow rate can be derived and it is shown
in equation (8.5).

AP 6pln(ry/r

8P _ 6uInGra/ry) ©5)
Q e

From equation (8.5), the flow resistance for the radial flow through axial clearance

increases when the axial clearance is reduced and the viscosity of the lubricant is

increased.

8.3 Oil Flow Network

The characteristics of individual flow paths have been discussed and each of
these flow paths can be represented by the combination of flow resistance and the
source of pressure or flow rate, if any. All of the flow paths can be linked up to form
lubrication system network, as shown in Figure 8.2. The unknown parameters in the
network will be the flow rates through each of the flow path and these are Q; to Q.
The unknowns can be solved by firstly setting up the simultaneous equations by
considering Kirchhoff's current law and Kirchhoff's voltage law. The Kirchhoft's
current law states that at any junction, the sum of current inflows is equal to the sum of
current outflows. Therefore, a total of seven equations, presented by equations (8.6) to
(8.12), can be obtained by applying the Kirchhoff's current law to junction number 3, 5,

6,7,10,11 and 12.

Q1 + Q2+ Q3+ Qsg6 = Qa (8.6)
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Qs = Q2 + Q3 + Qsge (8.7)
Qs =Q5+Qs (8.8)

Qs =Q7+ Qs+ Qo (8.9)
Q7 = Qsg10 + Qa1 + Quo (8.10)

nglo + Q11 + Qo = ng11 + Q12 + Q13+ Q14 + Qs (8.11)

Qsg11 + Q14 + Q15 = Qy6 (8.12)

In addition, Kirchhoff's voltage law is used to obtain other sets of equations. In general,
Kirchhoff's voltage law states that the sum of the voltage within any closed loop is zero.
For the circuit shown in the Figure 8.2, there are several closed loops in which the
Kirchhoff's voltage law can be applied. For the radial flow through axial clearance at
the upper (11 to ¢ & s) and lower (7 to ¢ & s) end faces between the rotor and the

cylinder, equations (8.13) and (8.14) can be set up.

R9Qg — RgQg = P. — P (8.13)

R13Q13 =R12Q12 = P — K (8.14)

Another three equations can be set up by applying the Kirchhoff's voltage law to the
loop which contains spiral groove, namely the cylinder shaft (6 to 3), the rotor shaft (10
to 11) and the cylinder cover (11 to 12), which are represented by equations (8.15) to

(8.17) respectively.

—R;Q2 + R3Q3 = pg(hsg6 - he) (8.15)
—R10Q10 + R11Q11 = pg(hsglo - h10) (8.16)
—R14Q14 + Ry5Q45 = pg(h11 - hsgll) (8.17)
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By going through the network from the oil sump surface (Point 1) to the compression
chamber through the lower end face (through 2-3-4-5-7) and the upper end face

(through 2-3-4-5-7-8-9-10) respectively, equations (8.18) and (8.19) can be set up.

Ry Ry
7Q1 + 7Q4 + R45Q4 + RsQs5 + RgQg

=P, — P. — Prp3 + pg(hy —h, —hy) (8.18)

R R
Qi + (5 + Ras) Qu + RsQs + (Ryg + Reo + R7)Qy + RygQuo + RizQiz = Py —

Pe = Prp3 + Prp7 + Prpo + pg(h; —hy —hgs —h; —hg + hy) (8.19)

The last two equations can be written by taking the closed loop from Point 1 and back to
Point 1 (through 2-3-4-5-7-8-9-10-12) and from Point 3 and back to Point 3 (through 4-

5-6), as shown by equations (8.20) and (8.21) respectively.

R R
71Q1 + (74 + R45) Q4 + R5Qs + (Ryg + Rgg + R7)Q7 + R19Qy0 + R14Qqs +
R16Qi6 = —Prps + Pep7 + Pepo + Pep1z + pg(hy —hy —hg —h; —hg + hyy -

hyi) (8.20)

R
R2Qz + = Qs + RasQq + ReQs = ~Prp3 + Prps + pglhs — hy) (821)
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Figure 8.2 Lubrication system circuit network

A total of 16 equations, equations (8.6) to (8.21) have been derived using
Kirchhoff's circuit law. These equations have been solved using Gauss elimination
method. The parameters used includes: the type of lubricant used, which is Shell Corena
P100 and it belongs to a mineral oil type with the viscosity value of 8.3 mPa-s taken at
100 °C; the suction and the discharge pressure are 1.0 and 4.0 bar respectively, and the
operational speed is 2000 rev/min. The designed dimensions of the oil flow network are

shown in Table 8.1.
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Table 8.1 The designed dimensions of oil flow network

Description Dimension (mm)
Journal bearing Radial clearance 0.00750
Axial clearance between cylinder and rotor 0.00625
End faces
Axial clearance at cylinder cover 0.025
Width 1.00
Spiral Groove
Depth 0.30
Radius 1.50
Horizontal hole
Length 16.5
Radius of lower radial hole 1.50
Radius of upper radial hole 1.00
Radius of vertical hole 45 2.50
Cylinder shaft Length of vertical hole 45 9.00
Radius of vertical hole 57 2.50
Length of vertical hole 57 5.00
Cylinder shaft radius 6.00
Rotor shaft radius 6.00
Radius of slanted hole 78 1.25
Length of slanted hole 78 15.0
Rotor Shaft
Radius of vertical hole 89 1.25
Length of vertical hole 89 7.60
Radius of radial hole 1.25

The flow resistance of each flow path throughout the whole cycle under such
operational conditions and designed dimensions is shown from Figures 8.3 to 8.9. As
shown in Figures 8.3 and 8.4, the flow resistances of various straight holes and radial
holes are in the order of 10’. Figure 8.5 shows that the resistance to Poiseuille flow
through spiral groove is in the order of 10" since the opening of groove area is small as

compared to the vertically or radially drilled hole. The flow resistance for the radial
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flow through the axial clearance of 25 pm at the cylinder cover is in the order of 10", as
referred to Figure 8.6. These three types of flow resistance are solely dependent on the
design geometries and remain constant over entire compressor cycle despite of

operational conditions.

The flow resistances for the radial flow through the lower and the upper axial
clearances are shown in Figures 8.7 and 8.8 respectively. The flow resistances are in the
order of 1014, which is the highest flow resistance in the entire oil network. The
magnitude of the flow resistances depend on the span of the working chamber. The flow
resistance to the compression chamber increases as the end of compression volume
approaches and the flow resistance to suction chamber decreases as the suction volume
increases. The last type of the flow resistance belongs to the flow through bearing
clearance and it is in the order of 10'*. The magnitude of the flow resistance varies over
the entire compressor cycle and it follows the profiles of the journal eccentricity ratio

since the loading on the compressor is dynamic.
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Figure 8.3 Flow resistances of various straight holes
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Figure 8.4 Flow resistances of various radial holes
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Spiral Groove Flow Resistance (Pa-s/m°)

Cylinder Cover End Face Flow Resistance (Pa-s/m®)
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Figure 8.5 Flow resistances of various spiral grooves
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Figure 8.6 Flow resistance at cylinder cover end face
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Upper End Face Flow Resistance (Pa-s/m”)
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Figure 8.7 Flow resistances at lower end face
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Figure 8.8 Flow resistances at upper end face
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Figure 8.9 Flow resistances at various bearing clearances

As a result, the oil flow rates are dictated by the flow resistance and the results
are shown in Table 8.2. From the tabulated results, it can be seen that the oil flow rate
through the bearing clearance (Q,, Qo and Qj4) is negligible due to the high flow
resistance. In addition, it is observed that the oil flow rate through the axial clearance at
the lower and the upper end faces (Qs, Qg, Q2 and Q;3) are limited as compared to the
rest of the flow paths since the corresponding flow resistance is high. Furthermore, the
negative signs are observed for the Poiseuille flow through the spiral groove on the
cylinder shaft (Q3;) and the cylinder cover (Q;s). It is because the spiral groove is
working against the reverse pressure gradient, which means the spiral groove pumps the
oil from low pressure side to high pressure side. Thus, the reverse pressure gradient will
push portion of oil along the opposite of the desired direction through the small opening

area of spiral groove.
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Table 8.2 The oil flow rates in fixed-vane revolving vane compressor

Description Symbol Flow Rlate
(ccs™)

Through horizontal delivery hole at the bottom of oil sump Qi 0.07240
Through lower cylinder bearing clearance Q2 0.00000
The Poiseuille flow through spiral groove on cylinder shaft Q3 -0.00146
The Couette flow through spiral groove on cylinder shaft Qse6 0.16324
Through the lower radial hole on the cylinder shaft Q4 0.23419
From the centre hole of cylinder shaft to lower end face Qs 0.07241
Through the upper radial hole on the cylinder shaft Qs 0.16178
Through the radial hole on the rotor shaft Q; 0.06519
From lower end face axial clearance to compression chamber Qs 0.00293
From lower end face axial clearance to suction chamber Qo 0.00429
Through rotor bearing clearance Qo -0.00003
The Poiseuille flow through spiral groove on rotor shaft Qn -0.09802
The Couette flow through spiral groove on rotor shaft Qsgi0 0.16324
From upper end face axial clearance to compression chamber Q2 0.00220
From upper end face axial clearance to suction chamber Q13 0.00319
From upper cylinder bearing clearance to shell Qs -0.00005
The Poiseuille flow through spiral groove on cylinder cover Qs -0.19862
The Couette flow through spiral groove on cylinder cover Qsgl1 0.25847
Through cylinder cover end face axial clearance to shell Qie 0.05980

In general, the required oil flow rate to the journal bearing surface is known and
thus, the calculated results from the oil flow network is important as it can be used to
check whether the designed dimensions fulfils the oil flow rate requirement. Figures
8.10 to 8.12 show the required oil flow rate and the corresponding supply oil flow rate

for lower cylinder bearing, rotor bearing and the upper cylinder bearing respectively.
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The figures show that the supply oil flow rates under this oil flow network are sufficient

to match the bearing oil flow rates requirement.

Flow Rate (cc/s)

Flow Rate (cc/s)

Required Flow Rate
0.18 4 — — -Supply Flow Rate

T T T 1
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Rotational Angle of Cylinder (°)

Figure 8.10 Oil flow rates to lower cylinder bearing
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Figure 8.11 Oil flow rates to rotor bearing
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Figure 8.12 Oil flow rates to upper cylinder bearing

8.4 Results and Discussion

The calculated results from the oil flow network indicate that the proper
dimensioning of each flow path configuration is important to have a functional
lubrication system. In addition, the pressure inside the compressor shell is also a crucial
factor to determine the lubrication system performance. In this section, the effects of the
diameter and the length of hole, the shell pressure, the width and depth of the groove on

the oil flow rate will be examined.

8.4.1 Effect of Hole Diameter and Length

The size of the diameter of the hole for oil flow dictates how easy or otherwise
for the flow to flow through. By having a larger diameter of the hole, the flow can
easily flow through due to a lower flow resistance. Figure 8.13 shows that as the

diameter of the vertically drilled hole on the cylinder shaft (Point 4 to Point 5) increases
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from 5.0 mm to 9.0 mm, the corresponding oil flow rate increases from 0.23419 cc/s to
0.23422 cc/s. Similarly for the hole length, the flow resistance associated with a shorter
hole will be lower and thus, the oil flow rate will increase. Figure 8.14 shows that the
flow rate increases from 0.23419 cc/s to 0.23420 cc/s when the hole length decreases
from 9.0 mm to 5.0 mm. However, the results show that the increment of the flow rate

is not very significant to the change in hole diameter or length.

8.4.2 Effect of Shell Pressure

For the compressor where the discharge pressure fills the housing, this pressure
can be used as the primary source of energy to assist the oil flow. The lubricated region
may be starved from the lubricant if the shell pressure is not high enough. Figure 8.15
shows that if the shell pressure (gauge) increases from 1.0 bar to 5.0 bar, the primary
flow rate (Q;) increases from 0.0325 cc/s to 0.0494 cc/s. In practice, when the discharge
pressure is not high enough, a more positive pumping effect can be achieved using

appropriately designed spiral grooves.
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Qil Flow Rate (cc/s)
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0.23410 T . ' . ' . ' . .
50 6.0 7.0 8.0 90

Diameter of the Hole (mm)

Figure 8.13 The effect of hole diameter
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Figure 8.14 The effect of hole length
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Figure 8.15 The effect of shell pressure

8.4.3 Effect of Groove Width and Depth

The idea of having a spiral groove on the shaft is to enhance the oil delivery to

the desired location, especially when pumping under the opposition of the pressure

gradient. An effective spiral groove drags the lubricant along its surface by shearing
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action which is described by Couette flow. In general, a spiral groove consists of a
width and a depth and the combination of these two dimensions will dictate the
effectiveness of the shearing action. Figure 8.16 shows the effect of the width of the oil
groove on the corresponding flow rate at cylinder cover. It is noted that if the width of
the groove is increased from 1.0 mm to 5.0 mm under a constant depth of 0.3 mm, the
flow rate dragged by the spiral groove due to shearing action is increased. However, the
flow across the spiral groove due to the reverse pressure gradient (known as Poiseuille
flow) increases too when the cross-sectional area of the groove is larger, which lowers
the flow resistance and induces a higher flow rate as opposed to the desired direction of
positive viscous pumping from the spiral groove. As a result, the overall increment in
the oil flow rate is 0.01734 cc/s when the groove width increases from 1.0 mm to 5.0
mm under constant groove depth of 0.3 mm, as shown by Figure 8.16. However, the
increasing rate is declined as the groove width increases since the reverse pressure
gradient pushes more oil to the opposite of the desired direction of positive spiral

groove pumping through larger opening area.
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Figure 8.16 The effect of groove width

The effect of the groove width indicates that when pumping against the reversed
pressure gradient, the advantages of having a spiral groove will diminish if the cross-
sectional area of the spiral groove becomes larger. Figure 8.17 shows that the total
delivery of the oil flowing through the spiral groove is increased by having a shallower
groove under a constant groove width of 1.0 mm. It can be observed that by reducing
the groove depth from 0.9 mm to 0.1 mm, the total oil flow rate is increased 5 times due
to the reduction in reversed Poiseuille flow as the flow resistance associated with it is
inversely proportional to the cubic of groove depth. From the same figure, it is observed
that the increasing rate in the total oil flow rate through spiral groove is declining when
the groove depth is smaller than 0.3 mm since the shearing area is too limited for the

shearing action to take place.
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Figure 8.17 The effect of groove depth

8.4.4 Effect of Operating Speed

Nowadays, the compressor runs for a range of speed in an inverter air-
conditioning system. The operating speed of the compressor does affect the oil flow rate,
especially on the spiral groove. It is known that the spiral groove drags the fluid along
its surface and if the shaft spins faster, the corresponding flow rate will be greater.
Figure 8.18 shows that the total flow rate through spiral groove at the cylinder cover
increases from 0.03 cc/s to 0.09 cc/s as the operating speed increases from 1000 rev/min

to 3000 rev/min.
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Figure 8.18 The effect of operating speed

8.5 Concluding Remarks

A unique lubrication system for the revolving vane compressor has been
proposed and shown in Figure 8.1 and the design dimensions are presented in Table 8.1.
The lubrication system consists of the flows through straight holes, radial holes, axial
clearance between end faces, bearing radial clearance and spiral groove. The individual
flow paths are assembled into a lubrication system network and the flow rates for each
flow path are solved by firstly setting up Kirchhoff's circuit law and followed by
Gaussian elimination method. The results show that the flow resistances across each
flow path dictate the corresponding oil flow rate. The lower-resistance paths for
example the radial holes and the vertically drilled hole on the rotating shaft attract more
oil flow rates than the flow through end faces axial clearance and bearing radial
clearance, which are dimensioned to be in the order of um. In addition, for the spiral

grooves works under the reverse pressure gradient, the dimensions of the depth and the
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width of the groove are required to be well-designed in order to satisfy the prerequisite

for successful journal bearing lubrication. In addition, the results also show

» By increasing the length of the hole, the flow resistance will be increased. For
the hole connecting the first radial hole to the second radial hole on the cylinder
shaft, the oil flow rate decreases 0.01 mm?/s for an increment of 4 mm in the
hole length. In addition, by having a larger diameter of the hole, the flow
resistance will be decreased. The increments in the oil flow rate in the same hole
is 0.03 mm?/s for an increment of 4 mm in the hole diameter.

» The pressure inside the compressor shell is the primary source of energy to assist
the oil flow. The oil flow rate along the horizontal hole at the oil sump increases
16.9 mm”/s as the shell pressure raises from 1.0 bar (Gauge) to 5.0 bar (Gauge).

» For the spiral groove works under the reverse pressure gradient, the dimensions
of the width and the depth for the spiral groove are extremely important. For the
spiral groove cut on the cylinder cover, it is shown that the oil flow rate can be
increased for 17.4 mm’/s when the groove width increases from 1.0 mm to 5.0
mm under a constant groove depth of 0.3 mm. However, the positive effect from
wider groove ceases as width increases because the wider groove opening area
attracts more oil flow rate opposite to the desired flow direction due to the
reverse pressure gradient.

» Similarly, the negative effect of reverse pressure gradient on the spiral groove
oil flow delivery can be alleviated by employing shallower groove. The results
show that by reducing the groove depth from 0.9 mm to 0.1 mm under constant
width of 1.0 mm, the flow resistance for the flow due to reverse pressure

gradient increases significantly and thus the oil flow rate through the spiral
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groove at the cylinder cover increases 49.4 mm®/s. However, the positive effect

from shallower groove is dampened as depth decreases since the shearing action

across the groove area is reduced.

» The compressor speed determines the rate of dragging the oil through the spiral
groove surface, which in turns provides more oil flow rate to the lubricated
region. As the compressor speed increases from 1000 rev/min to 3000 rev/min,
the increment in the effective oil flow rate through the spiral groove at the
cylinder cover is 65.3 mm®/s.

The lubrication system analysis is important to ensure sufficient amount of oil is
delivered to the rubbing surfaces. The layout and the dimensions of the oil flow paths
have to be carefully examined to satisfy the lubrication requirement. A short analysis
presented in Appendix A shows how an improper oil flow path layout affects the

resultant distribution of the oil flow rate.
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Chapter 9

Experimental Study &

Validation of Mathematical Models

9.1 Introduction

The fixed-vane revolving vane compressor mechanism uses the combination of
a fixed vane and split bush as with a capacity of 1.7cc will be investigated
experimentally. This chapter starts by showing the experimental test bed and the
preparation of the compressor prototype prior to experimental studies. The experimental
procedures will be introduced and the measured data will be compared with the
prediction using the aforementioned theoretical models. The measurements agreed well
with the prediction in the case of mechanical power with a maximum discrepancy of
10 %. The measured volume flow rate of the air is more than the prediction for the
discharge pressure at 1.5 bar, 2.1 bar and 2.4 bar with the motor rotational speed above

2400 rev/min, 3000 rev/min and 3300 rev/min respectively.

9.2 Set Up of Experimental Test Bed

The compressor prototype is intended to be tested under various discharge
pressures and operating speeds. The schematic for the experimental test bed is shown in

Figure 9.1. The measured parameters are the voltage (V), the current (I) supplied to the
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electric motor, the discharge pressure (P), the temperature (T) of the air in the receiver

tank, the driving shaft speed (o) and the volume flow rate of the air (Q).

% i
receiver tank flowmeter
é) —©
regulator PY
compresso e
%}
"
oil filter
DC
electric
motor

DAQ P \
DC |
power L :
supply current
analyzer
® O

Figure 9.1 Schematic view of the compressor test bed

The compressor is driven by a small direct-current electric motor which is
shown in Figure 9.2. The motor sits on a motor cap. The motor shaft which is protruded
out from the motor cap is directly coupled to the compressor shaft by using two set
screws. The magnetic pick up shown in Figure 9.3 is used to capture the rotational
frequency of the compressor shaft by placing it to the vicinity of the set screws. A
current signal will be generated when both set screws pass the magnetic pick up.
Therefore, the frequency of the current signal pick up is the frequency of the

compressor shaft.
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Figure 9.3 Magnetic pick up

The power to the electric motor is supplied by a DC power supply, as shown in Figure

9.4. The DC power supply has the voltage limit of 30.0 V and the current limit of 3.0 A.
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Figure 9.4 The DC power supply

The voltage and the current supplied to the electric motor are recorded through the
voltage probe and current probe, as shown in Figure 9.5. The current probe is used
together with an analyzer. The outputs from both probes are linked to the data

acquisition system (DAQ).

(a) voltage probe

analyzer

to wire connection

Figure 9.5 Voltage probe, current probe and current analyzer
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In addition, the pressure and the temperature of the air in the receiver tank are recorded

by a pressure transducer and a thermocouple respectively, which are shown in Figure

9.6.

(a) thermocouple

Figure 9.6 Assembly of pressure transducer, thermocouple and receiver tank

A regulator valve is placed at the downstream of the receiver tank assembly to maintain
the desired pressure in the receiver tank. The discharge air is filtered through an oil filter
before it goes into the flowmeter. The latter is used to record the volume flow rate of the
air. The output signals of all the measurement devices are sent to the data acquisition

system. The overall view of the experimental test bed is shown in Figure 9.7.
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Figure 9.7 Overall view of compressor test bed

9.3 Preparation of Compressor Prototype

Before putting the compressor prototype into any real testing, the compressor
components need to be carefully examined for their dimensions and surface finish. The
deviation from the required geometrical dimensions may happen due to the
inconsistency in fabrication processes and this will lead to compressor assembly failure,
let alone putting the compressor into testing. In addition, the poor surface finish on the
compressor bearing parts may deteriorate the journal bearing performance and leads to
compressor failure. In this section, the two main procedures are carried out prior to the

testing. These are discussed in Sections 9.3.1 and 9.3.2.

9.3.1 Inspection of Geometrical Properties

The geometrical dimensions of every compressor components are important as
they determine the success or otherwise of the entire compressor assembly. For example,
the diameter of the cylinder shaft should be smaller than its bearing in microns and the
space in between these two components dictates the bearing clearance. Furthermore, the
measured dimensions of the main compressor components form the inputs to the
theoretical model for model validation purposes during the research and development

phase for a new compressor.
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Once the components are received from workshop, different types of
micrometers and vernier calipers shown in Figure 9.8 were used to check the
dimensions of the compressor components. The dimension checking was taken the
room conditions and was finalized after taking multiple measurements for each
dimension in order to minimize human error. During the measurement, the tools must
be clean as any oil film or particle stick to the tools will cause the measurement deviates
from its actual dimensions, in which the deviation can result in obscured predictions for
the journal bearing performance. The major dimensions of the compressor components

are listed in Table 9.1.

Figure 9.8 Micrometers and vernier calliper
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Table 9.1 Measured dimensions of fixed-vane revolving vane compressor prototype

rotor diameter 24.980 mm | cylinder diameter 29.899 mm

rotor shaft diameter 11.993 mm | Cylinder shaft diameter 11.997 mm

rotor bearing diameter 12.025 mm | lower cylinder bearing 12.023 mm
diameter

rotor bearing 32.000 um | Lower cylinder bearing 26.000 pm

diametrical clearance diametrical clearance

Axial length of 8.018 mm | upper cylinder bearing 18.988 mm

working chamber diameter

Vane length 7.984 mm | Inner diameter of 19.009 mm
cylinder cover

Vane thickness 2.789 mm | Lower cylinder bearing 21.000 um
diametrical clearance

Valve length 9.442 mm | Valve thickness 0.175 mm

The surface roughness of the compressor bearings was checked during the
preparation stage too. The value of the surface roughness is not required for the
theoretical model validation purpose but to avoid compressor bearing failure, the
surface roughness must be at least 10 to 100 times lesser than the required minimum oil
film thickness, as discussed in the Chapter 6. The surface roughness of the rotating
components, i.e. the rotor shaft and the cylinder shaft, were checked and shown in
Figure 9.9. The root mean square surface roughness value (Ry) for the rotor shaft and
the cylinder shaft are 0.3 um and 0.4 pum respectively. In addition, the sharp peaks
observed in the surface roughness profile need to be carefully handled as any sharp
peaks may chip off during the compressor operation and thus accumulate, which may
eventually leads to bearing seizure due to the existence of the foreign material. The

sharp peaks were smoothened by using an ultra-fine grinding paper meticulously.
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Figure 9.9 Surface roughness profiles for rotor shaft and cylinder shaft

The dimensions of all the compressor components after the surface treatment

were checked again by using the coordinate measuring machine.

9.3.2 Inspection of Dynamic Balancing

The mass properties of the rotating assemblies are important because for any
rotating assemblies which are not properly dynamically balanced, additional centrifugal
forces will be incurred and acts as an extra loading to the journal bearing, which in turns
affects the bearing performance characteristics, or to the worst, leads to the entire

compressor failure.

During the prototype design phase, the rotating assemblies are dynamically
balanced through the use of CAD model. However, due to miscellaneous discrepancies
lie in the material density, the depth of the holes and the length of the screw, the final

mass properties of the actual components might differ from its CAD model. Therefore,
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the actual mass properties for all the rotating assemblies should be carefully examined

before putting into any testing.

The rotating assemblies of the compressor prototype are the cylinder assembly
and rotor assembly. The balancing properties for the cylinder and the rotor assemblies
have been briefly inspected and are illustrated in Figures 9.10 and 9.11 respectively. In
the case of a dynamically balanced assembly, the object will be able to stay at rest in
any orientation. It can be observed from the figures that the cylinder assembly and the
rotor assembly are approximately balanced as the assemblies stay at rest at four

different positions.

Position 1 Position 2

Position 3 Position 4

Figure 9.10 Balance check for cylinder assembly
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Position 2 1

Position 3

Figure 9.11 Balance check for rotor assembly

9.4 Experimental Study

In this section, the procedures associated with the compressor testing and the
comparisons between the measured and the predicted results will be discussed. The
compressor was tested to the limit of the DC power supply and the electric motor is kept
under the limit of the maximum current supply. The operating speed and the discharge
pressure attained were 3800 rev/min and 2.4 bar respectively. The compressor was then

disassembled for further investigation on its parts.

9.4.1 Experimental Procedures

The measured parameters in compressor testing are the voltage and the current
supplied to the DC electric motor, the average driving shaft rotational speed, the

discharge pressure, the air temperature prior to exit to atmosphere and the volume flow
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rate of the air. All the measured parameters were taken at steady state. The testing was
conducted to the maximum limit of the DC power supply, which is 30.0 V in this case.
The discharge pressure ranges from 1.5 bar to 2.4 bar with an interval of 0.3 bar. It is
noted that as the discharge pressure goes higher, the leakage flow becomes severe and
the resultant volume flow rate of the air is lesser. Hence, higher rotational shaft speed,
i.e. higher voltage supply, is required for the test at higher discharge pressure. The
voltage settings for various discharge pressures are listed in Table 9.2 and the

experimental procedure is described in the chronological order as follows:

1.  With no pressure difference involved, the voltage supply is adjusted from
0 V to 120 V to start the compressor gradually from rest to
approximately 1000 rev/min. This is to warm up the compressor and the
data acquisition system before taking the measurement.

ii.  The pressure inside the receiver tank is then increased to the prescribed
discharge pressure of 1.5 bar by controlling the flow regulator valve. The
opening of the regulator valve is controlled to limit the air flow delivered
to the flowmeter so that the pressure in the receiver tank can be built up.
At the same time, the voltage supply is increased according to the
voltage settings shown in Table 9.2

iii.  The conditions are maintained for 10 minutes to stabilize the discharge
pressure. The various readings are then recorded through data acquisition
system.

iv.  The voltage supply is then increased according to Table 9.2 so that the
compressor speed is increased while maintaining the same discharge

pressure by adjusting the flow regulator valve. The steps (ii1) and (iv) are
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repeated until the maximum voltage of DC power supply system of 30.0
V is reached.

v.  The discharge pressure is increased by 0.3 bar and the voltage supply is
reset according to Table 9.2. Repeat step (iii) to (v) until a discharge
pressure of 2.4 bar is achieved.

vi.  Upon the completion of data collection, the pressure difference is
unloaded by adjusting the flow regulator valve to the fully open and at
the same time, reduces the compressor shaft speed by lowering the

voltage supply until completely stops.

It is noted that during the experiment, the external compressor casing is maintained at a
moderate temperature of 40 °C by using a standing fan to avoid the compressor suffers
from over-heating, which may deteriorate the viscosity of the lubricant. During the
entire course of experiment, the casing temperature is carefully observed as fresh
lubricant may be required to replenish. The collection of experimental data is deemed as

completed and the analysis is then carried out.

It is noted that during the experiment, the system was deemed as at steady state
and the measurements were recorded at a time when the compressor body temperature
and the air flow rate in the flow meter are stable. The stability of the compressor
operation is important as it dictates no abnormality exists in the system. The
abnormalities such as the heavy leakage and the severe wear of the compressor
components will cause the compressor body temperature increases tremendously and it

is required to stop the compressor immediately before the compressor seized.
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Table 9.2 Voltage settings in various discharge pressures

Discharge pressure (bar)  Initial voltage (V)  Voltage interval (V)

1.5 22.0 2.0
1.8 22.0 2.0
2.1 26.0 1.0
24 27.0 1.0

9.4.2 Additional Considerations to Theoretical Models

Since lip seals are used to prevent the leakage of compressed air, additional
considerations uniquely to the fixed-vane revolving vane compressor prototype have

been included into the theoretical models presented earlier.

The lip seals are employed to prevent possible compressed air leakage through
the clearance between the protruded shaft and the casing. The lip seal is made of PTFE
materials and has good lubricity. However, the additional friction occurs at the shaft-
seal interface is substantial as compared to the other frictions in the prototype. The
friction caused by the lip seal is taken into consideration and calculated based on the
method suggested by Muller and Nau [145]. The lip seal friction is given by the

equation (9.1).
Pr1s = 2npREws 9.1

which duly accounts for the effect of pressure on the friction. Ry represents the shaft
radius and wg represents the shaft rotational speed. The tangential friction per unit of
circumference (@) can be read from Figure 9.12. The lip seal employed in the

compressor prototype belongs to a conventional PTFE lip seal.
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Figure 9.12 Friction at various lip seals as a function of pressure [145]

9.4.3 Comparison of Predicted and Measured Results
The measured voltage and the measured current of the electric motor can be
used to calculate the mechanical power input to the compressor using the specific

equation provided by the motor catalogue, as shown by equation (9.2).

Prech = VX 1— IR — klyo (9.2)

where R is winding resistance of 2.25 ohms, k is torque constant of 0.061 Nm/A, Iy is
no-load current of 0.07 A. The variables in the equation (9.2) are the supply voltage (V),

the supply current (I) and the operating shaft speed (o).
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The mechanical power at five different motor speeds under four different
discharge pressures are shown in Figure 9.13. The mechanical power to the compressor

increases as the motor speed increases.

vertical axis  : measured mechanical power (W)
horizontal axis: motor rotational speed (rev/min)
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Figure 9.13 The measured shaft rotational speed and mechanical power

The mechanical power supplied to the compressor prototype includes the indicated
power and the various frictional losses such as the vane side frictional loss (Pys), the end
face frictional 10ss (Pefjower and Petupper), the journal bearing loss (Prg;) and the lip seal

frictional loss.

P mn x—IX% oy (9.3)
v v R; COS((I)r - q)c) v
u 1
Pef,lower = S_fT[ [wgezR% + E ((*)c - ('OI‘)ZRZI}' (9-4’)
e
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u 1
Pesupper = 3|2 (@2RE — wIRE) +5 (0 — w)*(RE-RE)| - (95)
e

nw R, L 1 (2 + £> Spre \/7 _
Prgr = R X 7 X + FZ + F2 9.6
f,Br Br (D] lSBr (_1 — 82 1 +¢€ ZRBr X y sin (I) ( )

The vane side frictional loss (Pys) is written in equation (9.3). It is dependent on the

rotational inertia of the driven component (I;) and its angular acceleration (o). The vane
side friction coefficient adopted is 0.15, as referred to the paper by Yanagisawa et al.
[139]. The end face frictional loss is due to the relative velocity between the rotor and
the cylinder at the lower and the upper end faces, expressed by equations (9.4) and (9.5),
respectively [146]. The journal bearing frictional loss depends on the viscosity of the
lubricant, the operating speed, the bearing dimensions, the force on the bearings and
their performance characteristics. It is noted that the frictional loss in the compressor
prototype is mainly due to the viscosity of the lubricant (u), which is strongly dependent
on the lubricant temperature. Figure 9.14 shows the relationship between the
temperature and the dynamic viscosity of the lubricant used. The viscosity

exponentially decreases as the temperature increases.

The estimation of the viscosity of the lubricant for evaluating the frictional loss
of the bearing and the end face loss is firstly completed by assuming the isentropic
discharge temperature from the compressor according to the suction conditions
regardless of the operating shaft speed. The estimated temperature using this
assumption and the corresponding lubricant viscosity are shown in Table 9.3. The
comparison between the predicted and the experimental mechanical power are shown in
Figure 9.15. Most of the predictions do not fall in the agreement with the experimental

data.

204



Chapter 9 Experimental Study & Validation of Mathematical Models

100
80
60

N \

o I

Dynamic Viscosity of the Lubricant (mPa-s)

40 50 60 70 80 90 100

Temperature (°C)

Figure 9.14 Viscosity-Temperature Chart for Shell Corena P100 Lubricant

Table 9.3 The isentropic discharge temperature and the corresponding viscosity

Discharge Pressure Isentropic Discharge Dynamics Viscosity
(bar) Temperature (°C) (107 Pa-s)
1.5 62.9 324
1.8 79.5 16.9
2.1 95.4 9.1
2.4 108.0 5.6

The predicted mechanical powers are lower than the measured values for
discharge pressure at 1.8 bar, 2.1 bar and 2.4 bar while the reverse is true for discharge
pressure at 1.5 bar. In the case of 1.5 bar discharge pressure, the estimated temperature
is under-predicted so that the lubricant viscosity is higher and thus, generates a higher
frictional loss and higher mechanical power as compared to the measured mechanical
power. For the remaining cases, the estimated temperature is over-predicted and leads to
a lower viscosity of the lubricant and thus, the predicted values are always lesser than

the experimental values.
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Figure 9.15 Comparisons between experimental and predicted mechanical power
(isentropic temperature approach)

Careful examination reveals that the isentropic temperature approach to estimate
the lubricant viscosity is not appropriate. The discharge pressure is not a dominant
factor in the prediction of the lubricant viscosity. In fact, the viscosities of the lubricant
at the bearings and at the end faces are closely related to the localized temperature. The
frequent rubbing between the components generates the heat and affects the local
lubricant viscosity. The rubbing frequency is affected by the rotational speed of the
components in the consideration. The operating speeds conducted in the compressor
testing are from 2350 rev/min to 3800 rev/min. It is suggested that the viscosity value
should be adjusted according to the operating speed but not the discharge pressure. The
operating speed from 2350 rev/min to 3800 rev/min are divided into five groups, each

has the range around 300 rev/min. The corrected version is shown in Figure 9.16. The
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agreement becomes closer after the correction with a maximum discrepancy of 10%.

The localized bearing temperature is not able to be measured in this compressor

prototype as the integration of the thermocouple to the bearing may jeopardize the

bearing performance and leads to compressor failure during testing. However, the

estimated temperature falls reasonably in the region of 70 °C to 80 °C as the external

casing of the prototype was kept around 40 °C, as mentioned in the experimental

procedures.

Figure 9.16 are presented in Table 9.4.
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Figure 9.16 Comparisons between experimental and predicted mechanical power
(rotational speed approach)
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The values of the viscosity assumed in the calculations associated with
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Table 9.4 The values of the viscosity associated with Figure. 9.16

Operating Speed Range | Estimated Bearing Temperature | Dynamic Viscosity
(rev/min) (°C) (x107 Pa-s)
2350 - 2650 70.0 24.5
2650 — 2950 72.5 22.3
2950 - 3250 75.0 20.2
3250 - 3550 77.5 18.3
3550 - 3850 80.0 16.6

The discrepancy between the measured and the predicted result can be further
improved by using a high lubricant temperature and hence a lower dynamic viscosity,
which is shown in Appendix B. In fact, the energy balance to the lubricant is a more
realistic prediction of the lubricant temperature in the bearings. The analysis shall start
by having a theoretical analysis on the overall temperature distribution of the
compressor using lumped thermal conductance approach in order to predict the
temperatures at the entry and the exit points of the bearing. The energy balance is then
applied to the lubricant, where the temperature rise between the inlet and the outlet of
the bearing equals to the frictional heat generated due to viscous friction. Hence, the

lubricant viscosity can be predicted.

The measured mass flow rate of the air is presented in Figure 9.17. It is observed
that the measured mass flow rate increases as the rotational speed increases, which
conform to the prediction shown in Appendix C. The mass flow rate is the least at the
lowest speed for each discharge pressure and at the same motor rotational speed, the

measured mass flow rate is lower at higher discharge pressures.
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Figure 9.17 The measured mass flow rate

The comparison of measured and predicted mass flow rate of the air is presented in
Figure 9.18. The predicted mass flow rate accounts for the leakages from the high-
pressure chamber to the low-pressure chamber through the radial clearance and the vane
end clearance [100]. The solid line in the figure represents the predicted discharge flow
rate after the consideration of the leakage flow through the radial clearance at the virtual
line contact of the rotor and the cylinder. The dash line represents the predicted
discharge flow rate after considering the combination of the leakages through the radial
clearance and the vane-end clearance. In the case of 1.5 bar discharge pressure, the
measured flow rate is more than the prediction for speed ranges from 2538 rev/min to
3783 rev/min. A similar situation is observed in the case of 1.8 bar from 2364 rev/min

to 3648 rev/min and 2.1 bar from 3324 rev/min to 3600 rev/min. In general, the
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lubricant in compressor is not only served as a lubricating agent for the bearings but
also the sealing agent to the possible gas leakage flow. The measured flow rate indicates
that the lubricant inside the compressor prototype successfully blocks a portion of the
possible air leakage flow from the high-pressure chamber to the low-pressure chamber.
In addition, it also indicates implicitly that the design for the lubrication oil flow paths
is successful. It should be noted that the measured flow rate is lower at the given
rotational speed when the discharge pressure is higher. This phenomenon is expected as
the leakage flow is pressure driven. However, in the case of 1.8 bar and 2.1 bar
discharge pressures, the measured flow rate is less than the predicted flow having
considered the leakage through the radial clearance at lower shaft operating speeds,
which are below 2673 rev/min and 3177 rev/min respectively. At the discharge pressure
of 2.4 bar, the leakage in reality is severe and the measured flow rate is less than the

prediction.

The leakage flow itself is a complicated phenomenon as it may be in the form of
single phase gas flow, single phase oil flow with dissolved gas or two phase oil-gas
mixture flow. The leakage mechanism in reality may be affected by the changes in
pressure ratios, the clearance dimensions, the operating speeds and the properties of the
lubricant. As a result, the leakage mechanism is not necessarily governed by a single
phase flow model at all operating conditions. In addition, the clearance must be tight for
a small-size compressor in order to minimize the leakage flow, or alternatively, increase

the operating speed.
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Figure 9.18 Comparisons between measured and predicted discharge mass flow rate

9.4.4 Post-Experiment Analysis

The prototype was carefully disassembled and the components in the
compressor prototype appear to be fine after running for a number of days for the

testing.

It is observed from Figure 9.19 that substantial oil is found on the upper bearing
and the cylinder cover. The oil was accumulated at these regions, which shows
lubrication oil paths design presented earlier is successful. The rotor shaft and the
cylinder shaft rub against its bearing with lubricating oil in between under a successful
design of the lubrication network. There are no obvious scratches or wear marks on the
surfaces of the rotor shaft and the cylinder shaft, hence the wear is negligible. However,

the interference fit between the lip seal and shafts does leave obvious marks on the shaft
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surface, as shown in Figure 9.20. Furthermore, another mark can be easily observed is
on the valve. The valve suffers the frequent opening during the compressor operation.
The valve is clamped at one end and the amplitude of the motion is impeded by a valve
plate. The valve after running it under the discharge pressure of 2.4 bar and operating

speed of 3800 rev/min is shown in Figure 9.21.

-

oil film found on oil film found on
upper bearing cylinder cover

Figure 9.19 Accumulation of oil at expected regions

"polished ring"
on rotor shaft

due to rubbing
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Figure 9.20 Cylinder shaft and rotor shaft after the compressor test

212



Chapter 9 Experimental Study & Validation of Mathematical Models

Figure 9.21 The discharge valve after compressor testing

9.5 Concluding Remarks

During the course of compressor testing, there is a lot valuable practical
experience gained about the small fixed-vane revolving vane compressor. In fact, prior
to the compressor prototyping, the dimensioning is important especially the tolerance
accumulation issue. The accumulated tolerance value must be carefully checked before
sending for compressor prototyping as it may affect the compressor assembly process.
In addition, the checking of the dimensions and the part inspection are equally
important after receiving the compressor components. The checking on the important
dimensions of the small compressor components is challenging even with the assistance
of the coordinate measurement machine as the probe in use is comparable to some
dimensions. Therefore, high-end measurement technique for example non-contact

metrology may be required for precise measurement for a small compressor.
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On the other hand, the measured mechanical power and the prediction agree
with each other with a maximum discrepancy of 10 %, which implies the validity of the
theoretical models presented earlier. The accuracy of the prediction is made successful
by relating the lubricating oil viscosity to the shaft rotational speed. The rubbing effect
between the components is more dominant over the pressure effect in evaluating the

lubricating oil viscosity.

The pressure ratio achievable in a compressor operation is greatly dependent on
the clearances between any two adjacent mating components inside the compressor. The
leakage occurs due to the pressure difference between the high-pressure compression
chamber to the low-pressure suction chamber and the flows through the clearance in
connecting both the chambers. Hence, prior to the discharge process, an amount of
working fluid will leak to the suction chamber and mix with the low-pressure working
fluid. In the current first fixed-vane revolving vane compressor prototype, the clearance

is loose and thus affects the achievable pressure ratio, which is 2.4 in this case.

In the context of revolving vane compressor, the first leakage path is at the line
contact between the outer surface of the rotor and the inner surface of the cylinder. The
second leakage path is at both end faces of the vane. Therefore, tight control on the
geometrical dimension and tolerance for the compressor components, i.e., the outer
rotor radius, the inner cylinder radius, the axial lengths of the cylinder, the rotor and the
vane is required to minimize the leakage. The dimension check needs to be strict and if
possible, ranking and matching of the critical components from the compressor parts

pool have to be carried out in order to control the clearance value.
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Chapter 10

Geometrical Optimization of the

Fixed-vane Revolving Vane Compressor

10.1 Introduction

The theoretical analysis and the practical development of the fixed-vane
revolving vane compressor have been illustrated and validated in the previous chapters.
The fixed-vane compressor design can be further improved to enhance various aspects
of the compressor performance such as to minimize the frictional losses, to minimize
the leakages losses and to maximize the coefficient of performance by exploring the
possible geometry combinations using optimization technique. A constrained multi-
variable direct search optimization technique by Box [147] has been linked with the
mathematical models to search for a set of combination of design dimensions that

satisfies the required objective under preset design constraints and operating conditions.

10.2 Compressor Optimization

With the aid of the vastly improved computer capability, the compressor designs
can be analyzed thoroughly before putting into prototyping stage. The readily available
computerized optimization procedures can be used to carry out an optimization study
for a compressor design. This is done by combining the mathematical models with the

optimization algorithm, in which the combination will generate a set of design
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dimensions that produces the desired objective under prescribed operating conditions
and design constraints. The method employed in the geometrical optimization for the
fixed-vane revolving vane compressor is a multi-variable direct search constrained
optimization technique, which is developed by Box [147]. The details of which is

included in Appendix C.

In general, an optimization study is to find an optimal solution for an objective
under several constraints. The objective is a function of a number of independent
variables, which are also normally known as free variables. The optimization
procedures will search for a combination of free variables which satisfy the constraints

and give the optimum objective value.

The compressor performance has several important aspects, each of which has
equal importance. In the worldwide energy-saving issues, the total frictional loss
associated with a compressor design is ultimately important and it is worth to
investigate which compressor configuration would give the best performance in terms
of minimizing the frictional losses. In addition, the leakages losses associated with the
compressor determine the effective cooling capacity for the entire refrigeration cycle.
Lastly, the coefficient of performance of a refrigeration cycle (usually known as COP)
is the indicator for the compressor capability in the competitive compressor market.
Hence, the fixed-vane revolving vane compressor will then be explored further to
investigate which compressor configuration would satisfy the three objectives
respectively, such as minimizing frictional losses, minimizing leakage losses and

maximizing coefficient of performance.
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10.2.1 Minimizing Frictional Losses

The frictional losses of fixed-vane revolving vane compressor consist of the
frictional losses at journal bearing, the vane side and the end faces. The sum of the
frictional losses is desirably to be as low as possible in order to reduce the power input.
Furthermore, the lower the frictional loss, the heat generated due to rubbing will be
lower and thus, the lubricant viscosity will be maintained at a level which is viscous
enough to service the journal bearing. The objective in this optimization study is to

minimize the total frictional losses for the fixed-vane revolving vane compressor.

The analysis presented for the frictional losses in the fixed-vane revolving vane
compressor reveals that the frictional losses are dependent on the geometrical
configuration of the compressor and the geometries of the bearings. The geometrical
configuration of the compressor is determined by the radius ratio between the cylinder
and the rotor at a given size of the cylinder. Furthermore, the analysis in Chapter 6
shows that the increment in the bearing frictional losses due to the change in bearing
length is not significant as compared to the change in bearing radius. Thus, the number
of free variables in this optimization study is four and these are the radius ratio, the

cylinder radius, the radius of the cylinder and the rotor journal bearing.

The free variables have to be examined for their upper and lower limit before the
optimization study is carried out. Theoretically, the radius ratio between the cylinder
and the rotor can be any value between zero and one. However, a closer look on the
compressor design does impose a minimum value for the radius ratio. The maximum

exposure length of the vane to the working chamber can be written as equation (10.1).
Lymax = 2 X (Re —Rp) (10.1)
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The maximum vane exposure length has to be accommodated in the rotor when the
driving rotational angle is at zero degree. Therefore, it is suggested that the maximum
vane exposure length should be less than the rotor radius from the point of view of rotor
rigidity and design feasibility. As a result, it is found that the radius ratio should be at

least greater than two-thirds and thus the lower limit of the radius ratio is formed.

On the other hand, the size of the cylinder can be random as long as the volume
displacement is fulfilled. However, the compressor design is always under space
constraint and thus, the limit on the cylinder size must be imposed. In this case, the
upper limit of the cylinder radius is chosen to be 45.0 mm as the size is comparable to
the available compressor in the market, as shown in Appendix D. Similarly, the upper
limit for the radius ratio and the lower limit for the cylinder radius are determined such
that the length of the compressor working chamber is comparable to the one shown in

the appendix.

The combinations of the free variables are subjected to the unique geometrical
constraints of the fixed-vane revolving vane compressor. As referred to Figure 10.1,
there are two geometrical constraints involved. The contact between the cylinder cover
and the rotor (dy) is ultimately important as it seals the possible leakage of the working
fluid from the working chamber through the bearing. In addition, it can be observed that
the cylinder bearing thickness (ot) is thin. Both values can be expressed in terms of the

free variables, as shown by equations (10.2) and (10.3).

8y = (2a— 1)R, — Ry, (10.2)

ot = Rcb - Rrb - Rc(l - a) (103)
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where a represents the radius ratio, R, and Ry, refers to the cylinder and the rotor
bearing radius respectively. Both geometrical constraints shall be monitored throughout
the optimization study. In addition, the convergence criterion for the optimization

search is defined as equation (10.4)

IFmax - FminI <é€ [1 + IFminl] (10-4)

where Fp,x and Fp;, are the maximum and the minimum of the objective function during
the search respectively. The small number (g) is given as 0.01 in the optimization
studies. The explicit constraints, the geometrical constraints and the operating

conditions are summarized in Table 10.1.
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Figure 10.1 The side view of fixed-vane revolving vane compressor
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Table 10.1 Explicit constraints, geometrical constraints and operating conditions

Explicit Constraints

Free variables Lower limit Upper limit Units

Cylinder radius (R.) 35.0 45.0 mm

Rotor-to-cylinder radius ratio (R/R.) 0.70 0.90 -

Cylinder bearing radius (Rcp) 20.0 24.0 mm

Rotor bearing radius (Ry) 14.0 19.0 mm
Geometrical Constraints

Contact between cover and rotor (3y) [(2a—1)R. — Rep] > 3.0 mm

Cylinder bearing thickness (6t) [Repb — Rpp — Re(1 —a)] > 2.0 mm

Operating Conditions
Evaporating temperature 7.2°C Working fluid R22
Condensing temperature 54.4°C Displacement volume 9.5cc

The results of the optimization study are shown in Figure 10.2 and Table 10.2.
Figure 10.2 shows the variations of the four free variables, the compressor chamber

length and the objective function during the optimization search.

In the fixed-vane revolving vane compressor, the cylinder is used to drive the
rotor through the vane. As mentioned earlier, the contact force between the rotor and the
vane is dependent on the rotational inertia and the angular acceleration of the rotor.
Therefore, the vane-side frictional loss can be reduced if the contact force is lower. The
optimized cylinder radius and the radius ratio which are shown in Figure 10.2 (a) and (b)
reveals that the rotor size should be as small as possible to reduce its rotational inertia.
Furthermore, the optimized radius ratio of 0.93 is to keep the angular acceleration of the
rotor low. This is because as the radius ratio goes higher, the variation of the rotational

speed for the rotor is lower since the centres of the rotor and the cylinder are closer.
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Figure 10.2 (c) shows the variation of the compressor chamber length during the
optimization search. As the radius ratio goes higher, the compressor chamber length is
longer in order to maintain the desired displacement volume. In addition, the
optimization searches for the smallest possible bearing radius to reduce its friction, as
shown in Figure 10.2 (d) and (e). The initial and final values for each of the frictional
losses are tabulated in Table 10.2. As a result, for a given swept volume and operating
conditions, the fixed-vane revolving vane compressor with a long-thin configuration
performs better in terms of low frictional losses. In this case, the total frictional loss
reduces by 36.5%. The most significant reduction in the frictional losses comes from the
reduction in both the cylinder bearing and the end face friction. The variations of the
isentropic efficiency and the coefficient of performance in this case study are shown in

Figure 10.3.

Table 10.2 Optimization results for minimizing frictional loss

Parameter Initial value | Optimized value

Cylinder radius 40.0 mm 35.2 mm
Radius ratio 0.85 0.93
Compressor chamber length 6.8 mm 17.3 mm
Rotor bearing radius 15.0 mm 14.3 mm
Cylinder bearing radius 23.5 mm 20.2 mm
Vane side frictional loss 9.6 W 37TW
End face frictional loss 11.7W 20W
Cylinder bearing loss 105.4 W 64.8 W
Rotor bearing loss 40.3 W 350 W
Total frictional loss 167 W 106 W

Percent of improvement 36.5 %
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10.2.2 Minimizing Leakage Losses

Internal leakages in compressor performance are important as it affects the
resultant mass flow rate of the refrigerant in the refrigeration or air-conditioning cycle,
which in turn affects the cooling capacity. The leakage in the compressor occurs due to
the pressure difference across any leakage paths, which could be caused by the level of
precision in manufacturing processes or the need to reduce friction of the contact areas
which move relative to each other. In the context of the fixed-vane revolving vane
compressor, the leakages may prevail at the radial clearance, which is located at the
virtual line contact between the rotor and the cylinder. Furthermore, the leakage may
also occur across both ends of the vane. Therefore, it is worth to investigate which
compressor geometry configuration would generate the least leakage losses. In this case,
the objective function is the total leakage loss and there are two free variables to be
considered, which are the cylinder radius and the rotor-to-cylinder radius ratio. The
geometrical constraint set is identical to the set in the minimization of the total frictional
loss. It is noted that the clearance value at the virtual line contact and at the vane-end
faces is assumed to be a generally achievable dimension of 10 um under most of the

manufacturing tolerances.

Figure 10.4 and Table 10.3 show the results of optimization search for
minimizing the leakage losses. Figures 10.4 (a) to (d) shows the variations of the
cylinder radius, the radius ratio, the rotor radius and the compressor chamber length
during the optimization search. During the search, it is observed that the size of the rotor
and the cylinder increases in order to have a shorter compressor chamber. The shorter

the compressor chamber, the leakage area through the radial clearance at the virtual line
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contact can be reduced. However, the vane length exposed to the working chamber

increases due to larger size of rotor and cylinder, thus the leakage loss through the vane

end clearance increases. Therefore, the optimization search will seek the balance

between both leakage sources. The initial and the optimized value for the design

dimensions and the total leakage loss are presented in Table 10.3. The total leakage loss

is reduced by 4.4 % as compared to the initial design. As a result, the optimization study

reveals that the combination of short and fat compressor configuration and a high rotor-

to-cylinder radius ratio performs better in terms of minimizing the total leakage loss.

The corresponding variations in isentropic efficiency and coefficient of performance are

shown in Figure 10.5.
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Figure 10.4 Variations of design dimensions and objective function for total leakage
loss minimization
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Table 10.3 Optimization results for minimizing leakage loss

Parameter Initial value | Optimized value
Cylinder radius 40.0 mm 41.3 mm
Radius ratio 0.85 0.87
Rotor radius 34.0 mm 36.1 mm
Compressor chamber length 6.8 mm 7.5 mm
Total leakage loss 22.8 g/min 21.8 g/min

Percent of improvement 4.4 %
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Figure 10.5 Variations of isentropic efficiency and COP (minimizing total leakage loss)
10.2.3 Maximizing Coefficient of Performance (COP)

Coefficient of performance is defined as the ratio between the cooling capacity
of the refrigeration cycle and the motor input power. The motor input power can be
calculated by the division of the mechanical power required by the compressor and the
motor efficiency, as shown by equation (10.4). The mechanical power for a compressor

operation is the sum of the indicated power and the frictional losses.
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mAh mAh

COP = =
Pmotor (Pmech/nmotor)

(10.5)

The coefficient of performance is normally found in the compressor data sheet
and it is a performance indicator for the compressor under a standard operational
conditions. A higher COP indicates the cooling capacity produced by the compressor is
more and the total frictional loss and flow loss generated are less. Therefore, for a high
COP compressor, the compressor should maintain low leakage loss, low frictional and
low flow losses. In this study, the optimization routine will search for the best
combination of design dimensions that maximizes the cooling capacity and at the same
time, minimizes the losses, which include the suction loss, discharge loss and the
frictional losses. In addition to the four free variables (rotor radius, the rotor-to-cylinder
radius ratio, the cylinder bearing radius and the rotor bearing radius) presented in the
optimization of the total frictional loss, the diameters of the suction and discharge ports
are also included as free variables as the port sizes affect the flow losses. The number of
free variables is six and the geometrical constraint set remains the same. The upper limit
and the lower limit for the diameters of the suction and discharge ports are 20.0 mm and

10.0 mm respectively, according to the parametric studies conducted in Chapter 4.
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Figure 10.6 Variations of design dimensions and objective function for COP
maximization

Figure 10.6 and Table 10.4 show the result of the optimization search for the

maximum COP. Figures 10.6 (a) to (c) show that the optimization procedure search for

shorter compressor chamber length in order to reduce the leakage through the radial

clearance at the virtual line contact. In addition, the combination of the smaller cylinder

and the moderate radius ratio generates a smaller rotor. Thus, the vane exposure length

decreases and the leakage through the vane end clearance is reduced. The frictional

losses have been reduced by 28 W where the most significant reduction comes from the

bearing losses as the bearing radius decreases. The coefficient of performance has been

improved by 15.1 % from 2.45 to 2.82 and the corresponding variation in isentropic

efficiency is shown in Figure 10.7.
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Table 10.4 Initial and Optimized Dimensions for Maximizing COP

Parameter Initial value | Optimized value
Cylinder radius 40.0 mm 37.0 mm
Radius ratio 0.85 0.85
Cylinder bearing radius 23.5 mm 22.2 mm
Rotor bearing radius 15.0 mm 14.2 mm
Diameter of suction port 14.0 mm 10.5 mm
Diameter of discharge port 14.0 mm 13.1 mm
Total leakage loss 22.9 g/min 22.8 g/min
Total frictional loss 167 W 139 W
Cooling capacity 1602 W 1748 W
Coefficient of Performance 245 2.82
Percentage of improvement 15.1 %
Note: motor efficiency of 0.85 is assumed
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Figure 10.7 Variation of isentropic efficiency (maximizing COP)
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10.3 Concluding Remarks

In this chapter, a geometrical optimization study has been carried out to optimize
several performance aspects of the fixed-vane revolving vane compressor operation
such as the frictional losses, the leakage losses and the coefficient of performance.

Results of the optimization suggest that

» In order to have a compressor with low frictional losses, the rotor size should be
small and the radius ratio should be high, which results in a long and thin
compressor configuration. The study shows that the cylinder radius reduces from
40.0 mm to 35.2 mm and the radius ratio increases from 0.85 to 0.93, which
results in a longer compressor chamber length of 17.3 mm. The frictional loss
has been significantly reduced by 36.5 %.

» The configuration of the compressor is required to be in a short and fat
configuration with a high radius ratio. The short compressor chamber reduces
the internal leakage through the radial clearance at the virtual line contact and
the compressor with high radius ratio reduces the internal leakage across both
ends of the vane through end face clearance. In the case examined, the leakage
losses have been reduced by 4.4 %.

» The coefficient of performance of a refrigeration cycle can be improved by 15.1%
proper selection of design dimensions according to the optimization study. The
study shows that the reductions in bearing friction and leakage losses are the
dominant factors to enhance the coefficient of performance of the refrigeration

cycle.
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Conclusions and Future Work

11.1 Introduction

In this research project, comprehensive studies have been carried out on the
fixed-vane revolving vane compressor. These studies include compressor design,
mathematical modelling, experimental studies and design optimization. All these studies
point towards a better understanding of the working principles and the performance of
the compressor. Simulation studies using R22 as the working fluid have been carried
out. A prototype compressor has been designed, fabricated, instrumented and tested.
Measurements of compressor performance using air as the working fluid have also been
completed. The contributions of the author of this research project are summarized

categorically as follows.

(1) Compressor Design

The mechanisms and their limitations of various types of positive displacement
compressor have been reviewed. Particular attentions have been paid to focus on the
mechanical losses of these mechanisms. The introduction of revolving vane compressor,
in particular the fixed-vane revolving vane compressor in this research project has the
main objective of further improving the overall performance of the positive

displacement compressors.
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Introduction of the fixed vane

In the latest version of the revolving vane compressor, the author rigidly
fixed the vane on to the cylinder of the compressor. In the earlier version of this
compressor, one end of the vane moves in a reciprocating fashion inside the
vane slot of the rotor and the other end swivels at the pin joint (refer to Figure
3.4). Because of this earlier design, the magnitude of the contact force between
the vane and the vane slot depends on the pressure differential caused by the
fluid pressure acting on both sides of the vane and, the rotational inertia of the
driven component, in this case the cylinder.

The dependency of the vane-side contact force on the pressure
differential across the vane can be removed by rigidly fixing the vane onto the
driving component of the compressor, in this case the cylinder. Therefore, the
vane is constrained and can only rotate with the cylinder in a pure rotational
motion. The magnitude of the vane-side contact force is thus independent of the
pressure differential across the vane. This contact force is now only dependent
on the rotational inertia and the angular acceleration of the driven component, in
this case the rotor.

Prediction shows that a reduction of frictional loss of 40% can be
achieved for the compressor capacity of 32.5 cc, which operates under
evaporating temperature of 7.2°C and condensing temperature of 54.4°C, using
R22 as the working fluid. This has translated to 3.0% improvement in
coefficient of performance.

Design of compressor prototype
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A compressor prototype with volume displacement of 1.7 cc has been
designed to examine its functionality. The prototype consists of nine major
components, namely the cylinder and its cover, the rotor, the vane, the discharge
valve reed and the valve plate, the split bush, the lower and the upper casings
(refer to Figure 7.11).

ili. Lubrication system design

A continuous and smooth operation of a compressor depends greatly on a
proper lubrication of all the rubbing parts. Therefore, an appropriately designed
lubrication system is important. A lubrication system typically consists of an oil
sump, feeding paths as well as returning paths (refer to Figure 8.1). During the
operation, sufficient amount of lubricant must be delivered to all the rubbing
surfaces to reduce the friction and the temperature of the rubbing surfaces.

iv.  Unique compressor balancing approach

A complete balancing (both static and dynamic) of the compressor can
be achieved through statically balance the compressor during the design stage.
This is because both the rotor and the cylinder rotate at their own axes during the
compressor operation. The static balance of the compressor rotating components
is achieved by removing materials (such as through drilling) from the rotor and
the cylinder to ensure the mass centres of the rotating assemblies coincide with

their respective rotational centres.

(2) Compressor Simulation

During the course of this research project, mathematical models have been
derived and formulated for the first time for the fixed-vane revolving vane compressor.

These models provide a very useful tool which bring towards a better understanding of

232



Chapter 11 Conclusions & Future Work

the compressor performance and operational characteristics. These are geometric model

describing the compressor geometry, thermodynamics model for the working fluid,

kinematics and dynamics models of the compressing mechanism, suction and discharge

flow models, valve reed dynamics model, heat transfer between the working fluid and

the working chamber wall, lubrication analysis of the journal bearings supporting the

rotor and the cylinder, and the analysis on the lubricant flow system for all the rubbing

surfaces. These models are summarized as follows.

i.

ii.

iii.

Geometric model

This model considers the geometry of the fixed-vane revolving vane
compressor, in particular the working chamber. The model derives the
instantaneous working chamber volume and its rate of change.
Thermodynamics model

The thermodynamics model accounts for the variation of the properties
of the working fluid in the working chamber by applying the First Law of
Thermodynamics to the working chamber. The model assumes the fluid
properties are spatially independent. The model computes the time variation of
the working fluid properties such as pressure, temperature and mass inside the
working chamber.
Kinematics and dynamics model

The kinematics model describes the variations of the rotational
kinematics of the driven component, i.e. the rotor. In addition, the vane exposed
length is also formulated. It is found that the magnitude of the rotational velocity
and the rotational acceleration for the rotor are all inversely proportional to the

distance between the centres of the cylinder and the rotor. Through this model,
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the contact forces, the rubbing forces and the working fluid pressures force
acting on the compressor components have also been analyzed.
Suction and discharge flow model

The suction and the discharge flow models account for the effects of the
size of the suction and the discharge ports on the intake and the delivery of the
working fluid. Improper sizing of the port incurs undesirable flow losses. For a
compressor with an arbitrarily capacity of 9.5 cc, working under evaporating
temperature of 7.2 °C and condensing temperature of 54.4 °C, running at 50 Hz
with R22 as the working fluid, the suction loss increases from 0.5 W to 114 W
as the suction port diameter decreases from 18.0 mm to 3.0 mm. Similarly, the
discharge loss increases from 1.5 W to 10.8 W as the discharge port diameter
decreases from 17.0 mm to 5.0 mm.
Valve reed dynamics model

The model accounts for the dynamics of the valve reed during the
discharge process. The result shows that the discharge loss for the revolving
vane compressor where the valve reed rotates together with the cylinder
decreases from 3.4 W to 1.9 W, a 44 % improvement as compared to the non-
rotating valve. In addition, the study also shows that the thickness of valve has
the most significant effect on the discharge loss as the loss increases by 52 W
when the valve reed thickness increases from 0.2 mm to 1.4 mm.
Heat transfer model

The inclusion of the in-chamber convective heat transfer improves the
prediction accuracy such that the discrepancy between the predicted and the

measured pressure-angle histories drops below 2 %, as shown in Chapter 5. The
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vii.

viii.

distinctive heat transfer parameters for this unique compressor geometry such as
the characteristic velocity found to be the arithmetic mean of the tangential
velocities of the driving and the driven component with respect to the centre of
the driving component, and the hydraulic diameter is found to be the quadruple
of the ratio between the vane exposure area to the working chamber and the
wetted perimeter of the area.
Lubrication model for the journal bearing

The prediction from the model gives the minimum oil film thickness and
hence it defines the surface roughness requirement on the lubricated surfaces
such as the surfaces of the rotating shaft and its counterpart, the bearings. The
surface roughness requirement is more demanding when the resultant force
increases under the fixed bearing dimensions. The requirement can be relaxed by
having a larger bearing area, either by increasing the bearing length or the
bearing radius. By having the same increment of 5 mm each in the bearing
length and the bearing radius, one at a time, the surface roughness requirement
can be reduced by 0.1 ym and 0.3 um respectively. However, by having a larger
bearing area to reduce the surface roughness requirement will incur more
bearing frictional loss. Therefore, compromise must be made between the
manufacturability and the mechanical efficiency of the compressor.
Lubricating oil flow system

Oil flow paths to various contact and rubbing surfaces have been
designed. The flow paths have been analysed using Kirchhoff’s current and
voltage law to arrive at the oil flow rate of these paths. The study suggests that

the oil flow rate increases by 17.4 mm?/s as the groove width increases from 1.0
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3)

mm to 5.0 mm under a constant groove depth of 0.3 mm. Similarly, as the
groove depth decreases from 0.9 mm to 0.1 mm under a constant width of 1.0

mm, the oil flow rate increases by 49.4 mm?/s.

Compressor Experimental Study

The functionality of the fixed-vane revolving vane compressor has been verified

through a smooth running of the prototype. The compressor operates successfully using

air as the working fluid. The compressor operates from 2350 rev/min to 3800 rev/min

and attained the pressure ratio of 2.4. The experimental findings are summarized as

follows.

i.

i

Comparison between measured and predicted mechanical power

The maximum discrepancy between the predicted and the measured
mechanical power is 10 %. It was discovered that the discrepancy lies in the
approximation of the local lubricant viscosity at the bearing sites. The lubricant
viscosity is related to the localized bearing temperature, which in turn is affected
by the rubbing frequency between the rotating shaft and its bearing, i.e. the
rotational speed. It was noted that when the rotational speed varies from 2350
rev/min to 3800 rev/min, the lubricant temperature appears to vary from 70 °C
to 80 °C.
Variations of measured flow rate

The observations implicitly indicate that the internal leakages of the
working fluid in the compressor varies inversely proportional to the operating
speed, which reconfirms the prediction shown in the Appendix B. The measured

results show that the flow rate is substantially greater than the prediction when
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C))

the discharge pressure is less than 1.8 bar and the operating speed is more than
2350 rev/min. Implicitly, the measurement shows that the lubrication system
works well in delivering the lubricant to the desired locations and the lubricant
also acts as a sealing agent to inhibit the internal leakage flows. However, the
internal leakages in a small-sized compressor are particularly sensitive to the
clearances at the contact and the rubbing surfaces, which are largely dependent
on the level of precision of the manufacturing process. The measured results also
indicate indirectly that at higher operating speeds, the internal leakages reduce as

would be predicted, refer to Appendix B.

Compressor Optimization Study

The mathematical models have been validated and they are subsequently used

for geometrical optimization study to search for combinations of geometrical

dimensions for a specified objective function at a given operational condition. Three

cases of optimization studies were carried out and these are: a) minimizing the frictional

losses, b) minimizing the leakage losses and c¢) maximizing the coefficient of

performance. The optimization studies were carried out based on a compressor with an

arbitrarily capacity of 9.5 cc, working under an evaporating temperature of 7.2 °C and a

condensing temperature of 54.4 °C, running at 50 Hz with R22 as the working fluid.

The results of these cases are summarized as follows.

i.

Minimizing frictional losses
The four free variables are the cylinder radius, the ratio between rotor
radius and cylinder radius, the cylinder bearing radius and the rotor bearing

radius. The study reveals that a compressor with a radius ratio of 0.93 and
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having cylinder radius of 35.2 mm generates the lowest frictional loss. The
radius ratio changes from 0.85 to 0.93 and the cylinder radius decreases from
40.0 mm to 35.2 mm so that the angular acceleration and the rotational inertia of
the rotor can be lowered. The total frictional loss reduces by 36.5 % and the
most significant reduction comes from both the cylinder bearing and the end
face.

Minimizing the leakage losses

The free variables in this case are cylinder radius and the radius ratio.
The study shows that the cylinder radius changes from 40.0 mm to 41.3 mm and
the radius ratio increases from 0.85 to 0.87. The compressor length can be
shortened with a larger diameter and this helps to reduce the leakage through the
radial clearance at the virtual line contact. Furthermore, the compressor is
maintained at a high rotor-to-cylinder radius ratio in order to keep the exposed
length of the vane as short as possible to reduce the leakage across the clearance
at the vane end.

Maximizing coefficient of performance (COP)

The free variables in this case are the cylinder radius, the ratio between
rotor radius and cylinder radius, the cylinder bearing radius, the rotor bearing
radius and the diameters of the suction and the discharge port. The COP is
improved by 15.1 % from 2.45 to 2.82. The study shows that the compressor
length should be shorter and the distance between the centres of the cylinder and
the rotor should be closer in order to reduce the internal leakage. On the other
hand, the reduction in the frictional losses is mainly due to the smaller bearing

radius.
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11.2 Future Work

In this project, the fixed-vane revolving vane compressor has been introduced

and studied. For future studies, the followings are proposed.

1)

ii.

Theoretical Development

Noise and vibration analysis

The noise and vibration characteristics of the revolving vane compressor
are another great area to be analysed. The compressor induces vibration by the
periodic changes of the working fluid compression moment and angular
acceleration of the driven component as well as the fluctuation of the motor
torque. Another significant source of noise will be fluid shearing noise and
pulsating gas flow during the discharge process. The study will reveal the
relationship between the vibration characteristics and the compressor design
dimensions and hence improves the compressor reliability.
Multi-objective optimization

The single-objective optimization conveys the idea on the compressor
configuration for satisfying individual design objective such as frictional losses,
leakage losses and coefficient of performance. However, several issues which
are equally important will be encountered during the design and development of
the compressor. For example, the compressor is required to be energy efficient
while uses the least material. In this case, the different but equally important
objectives can be collected and approached in an analytical way to reach the
final optimized compressor design. The optimization tool will be great to assist

the compressor designers to work under several design objectives.
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Heat transfer analysis

The conjugate heat transfer analysis can be conducted to describe the
processes which involve variations of temperature within the surrounding solid
chamber and the working fluid inside the chamber, due to thermal interactions
between the solid and the working fluid. In addition, the work may extend to an
overall temperature distribution in the compressor using the lumped thermal
conductance approach. Furthermore, the temperature measurements on the
compressor components under operation have to be carried out to verify the
predictions. As a result, the understandings on the heat transfer analysis in
revolving vane compressor will be greatly enhanced and the results can be used
for improving the compressor reliability and reducing the component material

failure.
Practical Development

Oil-free and orientation-free compressor

The need for the oil sump to supply the lubricant to the rubbing surfaces
of the compressor dictates that the compressor has to be positioned at the
orientation such that the oil sump must be located at the bottom of the
compressor. Failure to do so will result in the compressor to be starved of
lubricant which may further results in seizure. It is suggested that if the
compressor can be made to be oil free then the compressor will be able to
operate at any orientation, i.e. it will be orientation free. An orientation free
compressor has the advantage of serving the need where there is a possibility

that the compressor may be positioned where the oil sump is not at the bottom of
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ii.

the compressor, for example the compressor is used in the cooling system for a
high speed notebook computer.

Such an orientation free compressor is not easy to come by. It may
achieved through innovative design ideas or using hard surface coating materials
to prevent and reduce wear, or both.

Refrigeration Compressor

The fixed-vane revolving vane compressing mechanism has been proven.
The continuous development of the compressor should establish for refrigeration
use. The compressor will be designed, fabricated, instrumented and tested. The
test results will be compared to the performances of the existing compressors in

the market to reveal the true value of the revolving vane compressor.

To this end, the dissertation has reached its last line. The study carried out has

revealed the great potential of the fixed-vane revolving vane compressor and it is

believe that there are more exciting potential to be unveiled in the future.
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Appendix A

Lubrication System with Low Flow Resistance

Figure A1 The preliminary design of lubrication system for fixed-vane revolving vane

compressor prototype

In the preliminary design of the fixed-vane revolving vane compressor prototype
as shown in Figure A1, a balancing through hole shaded in grey is created in the rotor.
Therefore, the through hole becomes another flow path and the lubricant is expected to

go through. The smallest flow resistance for each flow path and the flow resistance of
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the balancing hole in the rotor are presented in Table Al. It is noted that the flow

resistance for the balancing hole in the rotor is a constant and it is the smallest among

the entire flow resistance network. The results of the oil flow rate are also presented in

the same table. The results indicate that the circulation of the oil occurs in the loop of 7-

8-9-10-11-7 due to low flow resistance of the rotor balancing hole. This situation is

undesirable as the oil will be trapped and the oil temperature will be increased due to

frequent rubbing as the compressor operates. Thus, huge amount of heat will be

generated and may jeopardize the compressor operation. Furthermore, the other rubbing

surfaces may starve from lubricant and leads to metal-to-metal contact.

Table A1 Flow resistance and the corresponding flow rate

Descring Flow resistance | Flow rate
escription

(Pa-s m™) (m’s™)
Lower radial hole in cylinder shaft (3 to 4) 6.00 x 10° 0.800
Upper radial hole in cylinder shaft (5 to 6) 3.03 x 10 0.800
Radial hole in rotor shaft (9 to 10) 7.09 x 10° 58.60
Upper cylinder bearing clearance (11 to 12) 4.05x 10" 0.000
Lower cylinder bearing clearance (6 to 3) 4.05 x 10" 0.000
Rotor bearing clearance (10 to 11) 4.06 x 10" 0.017
Spiral groove on cylinder cover 9.79 x 10° -0.025
Spiral groove on cylinder shaft 9.79 x 10° 0.000
Spiral groove on rotor shaft 1.20 x 10° 58.60
Lower end face to compression chamber (7 to c) 1.75x 10" 0.817
Lower end face to suction chamber (7 to s) 1.75 x 10" 0.815
Upper end face to compression chamber (11 to c) 1.75x 10" 0.805
Upper end face to suction chamber (11 to s) 1.75x 10" 0.803
End of cylinder cover to discharge chamber 7.58 x 10" -0.012
Oil sump to cylinder shaft (2 to 3) 1.54 x 10 0.799
Cylinder vertical hole (4 to 5) 1.99 x 10° 1.590
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Cylinder vertical hole (5 to 7) 1.11 x 10° 1.600
Slanted hole in rotor (7 to 8) 1.88 x 10’ 58.60
Vertical hole in rotor shaft (8 to 9) 2.05x 10 58.60
Balancing hole in rotor (11 to 7) 7.50 x 10° 57.80

The preliminary lubrication system design study reveals that the balancing hole

which is exposed to the oil flow path shall not be drilled through and it reaffirms that

the analysis on the lubrication system design is important to ensure sufficient amount of

lubricant is delivered to each rubbing surface during compressor operation.
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Appendix B

Improvements on Discrepancy between Measured and

Predicted Mechanical Power
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Figure B1 The improvement on the discrepancy between measured and predicted
mechanical power

The improvement on the discrepancy between measured and predicted mechanical
power is illustrated in the figure above. It is shown that the maximum discrepancy has
been reduced from 10.0 % to 4.0 % by adjusting the working temperature range for the

lubricant in the bearings, which is deemed as the major possible source of discrepancy.
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Appendix C

Variation of Internal Leakages with Compressor

Operational Speeds

3.25
3.20
3.15 1
3.10

3.05

Internal Leakage Flow Rate (g/min)

~ [m]
3.00 y T y T T T ¥ 1
2400 2800 3200 3600 4000

Motor Rotational Speed (rev/min)

Figure C1 The variation of internal leakages with motor rotational speed

The internal leakage flow rate which accounts for the leakages through the radial
clearance at the virtual line contact and the axial clearance at the end faces with pressure
ratio of 1.5 and air as the working fluid is illustrated in the figure above. It is shown that
the internal leakage decreases by 7 % when the rotational speed increases from 2538

rev/min to 3783 rev/min.
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Appendix D

Multi-variable direct search constrained optimization

technique

In general, an optimization study can be mathematically represented by:

Optimize F(x) = f(x1,X2,X3, e e ,XN)

Subjected to Lg(x;) < E(x;) < Hg(x)) i=123,..,N
Lg(xj) < G(x;) < Hg(x) j=123,..,M
Li(xy) < I(xx) < Hy(xy) k=1,23,..,L

where E, G and I represent the explicit, geometrical and implicit constraints respectively

while L and H represent the lower and the upper limits. I, J and K represent the number

of explicit, geometrical and implicit constraints respectively. The optimization method

is implemented with the following steps orderly.

i.

A feasible starting point that satisfies explicit constraints, geometrical
constraints and implicit constraints is picked. Subsequently, 2N-1 additional
points are generated based on pseudo random numbers and explicit constraints

for each independent free variable by the following equation.

Xij = Lg(xp) + 1ij X [Hg(x3) — Lg(x3)]
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ii.

iii.

iv.

wherei =1,2,3,...,Nand j = 1,2,3,...,2N — 1.
The additional points and the starting point are called the original complexes. In
the above, N is the number of free variable and also the number of explicit
constraints. Lg(X;) and Hg(x;) represent the lower and the upper limits for the
free variables, i.e. the limits of explicit constraints. The pseudo random number
is rjj and it is in between 0 and 1. All the selected points satisfy the explicit
constraints for the free variables but may violate the other constraints.
For each random point generation, the point will be checked for its validity
under the geometrical constraint and implicit constraint if any. The point will be
moved half way towards the centroid of the remaining points if the constraints
are violated. The new point is

X =%+ 0.5 x (ij —Xi5)
where n is the iteration number and X;; is the centroid of the remaining points.

The centroid of the remaining points is defined by

2N-1
1

Xi,]' = m Z [Xi,]' — Xi,j (Old)]

=1

This process is repeated until all the constraints are satisfied.

The objective function is evaluated at each point. The point having the worst
objective function is reflected by a reflection factor of a (a=1.3 has been used)
along the line linking the replaced point and the centroid of the remaining points.

The resulting new point is defined as follows.

n+1 _ = = n
Xt = %5+ a(X;; — xfy)
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Vi.

ij represents the worst point. The reflected point will be checked for its validity

against explicit constraint. The point is moved inside the constraint boundary by
a factor of 0 if the constraint is violated.

The objective function is then evaluated. The newly obtained objective function
will checked for any improvement. The new point will be moved half towards
the centroid of the remaining points if the new point does not yield any
improvement in the objective function value.

The above procedures will be repeated until the specified number of consecutive
successful iterations is reached or the convergence is met. Convergence is
defined as by the following relation.

|Fmax - l:"minl <é€ [1 + |Fmin|]
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Appendix E

Panasonic Compressor Specifications Sheet
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